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SUNDSTRAND  TURBO 


EFFECTIVE  FEBRUARY  1ST.  1958,  THE  TURBO  DIVISION  OF  THE 
AMERICAN  MACHINE  AND  FOUNDRY  COMPANY  WaS  ACQUIRED  BY 
THE  SUNDSTRAND  MACHINE  TOOL  COMPANY.  WE  HAVE  BEEN  COM¬ 
BINED  WITH  THE  FORMER  SUNDSTRAND-DEVER  DIVISION.  THE 
TITLE  OF  THE  NEW  ORGANIZATION  IS 


THE  SUNDSTRAND  T.URBO  DIVISION 
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l  INTRODUCTION 

Thia  report  has  been  prepared  in  accordance  with  the  requirement*  of 
ONR  Contract  NONR-2292(CO)  and  contains  a  short  discussion  of  the  studies  on 
low  specific  speed  turbines  performed  up  to  December  1957,  The  investigations 
have  been  undertaken  by  the  Advance  Design  Section  of  the  Turbo  Division  of 
American  Machine  and  Foundry  Company  with  Dr,  O,  E,  Balje  acting  as  principal 
investigator,  D.,  Silvern  acting' as  project  engineer,  W.  Nerenstein,  H.  Esten, 
and  H,  Caveman  as  research  engineers,  and  I, 'Friedman  as  mathematician. 

The  aim  of  this  program  was  to  appraise  the  potential  of  axial  and  terry 
turbines  as  well  as  drag  turbines  by  investigating  the  maximum  obtainable 
efficiency  of  these  turbine  types  as  function  of  significant  design  parameters  and 
to  obtain  detailed  design  criteria  for  the  optimum  design,  such  as  blade  and 
channel  geometries.  This  report,  therefore,  deals  with  the  turbine  performance 
at  design  point  and  in  its  present  form  makes  no  reference  to  the  performance 
range  and  other  criteria  (stall  torques,  runaway  speed)  of  the  investigated  turbine 
types. 

The  conclusions  presented  in  this  report  are  considered  final  for  single 
stage  axial  turbines,  but  are  of  preliminary  nature  and  subject  to  revisions  for 
all  other  types  due  to  the  limited  amount  of  experimental  data,  particularly  on 
component  performance,  s'<ch  as  losses  in  terry  buckets,  influence  of  exhaust 
port  configuration  on  performance  of  axial  and  terry  turbines  and  influence  of 
channel  and  blade  geometry  on  drag  coefficients  for  drag  turbines. 

This  situation  makes  it  evident  that  additional' testing  and  analysis  will 
be  required  before  final  conclusions  on  multi-staged,  axial  turbines,  terry  tur¬ 
bines  and  drag  turbines  can  be  presented. 
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U  TECHNICAL  SUMMARY 


Convenient  parameters  for  presenting  performance  criteria  of  turbines 
are  the  terms  specific  speed  N,  and  the  specific  diameter  D#,  The  significance 
of  these  parameters  results  from  similarity  considerations.  Specific  speed  is 
a  number  which  indicates  the  rotative  speed  and  specific  diameter  vs  a  number 
which  indicates  the  rotor  diameter  for  turbines  which  pass  a  certain  amount  of 
flow  and  expand  a  certain  amount  of  head,  i,e.,  develop  a  certain  amount  of 
power.  The  state  of  the  art  of  designing  turbo  machinery  can  conveniently  be 
indicated  by  showing  lines  of  constant  efficiency  in  a  diagram  with  the  coordinates 
specific  speed  and  specific  diameter.  These  parameters  are,  therefore,  C'msid- 
ered  prime  parameters,  U  is  found  that  other  frequently  used  design  criteria 
such  as  pitch  chord  ratio,  aspect  ratio,  and  ratio  of  blade  spacing  to  admitted  arc  . 
are  in  this  respect  of  secondary  nature,  meaning  that  optimum  values  of  the  above 
parameters  become  functions  of  specific  speed  and  specific  diameter. 

The  maximum  obtainable  efficiency  for  optimized  design  geometries  la 
computed  as  a  function  of  specific  speed  and  specific  diameter  and  is  presented 
for  all  investigated  turbine  types  in  a  single  diagram,  figure  II,  1.  These  data 
were  partly  confirmed  by  available  test  data  as  indicated  by  shadowed  areas. 

The  application  of  this  diagram  is  self-explanatory  when  the  definition  of  specific 
speed  and  specific  diameter,  as  listed  in  figure  II,  1,  is  observed.  After 
introducing  the  available  head  Ha<j  and  the  exhaust  volume  flow  as  well  as 
the  desired  rotative  speed  into  term  {!),  the  specific  speed  N#  ,  fo  .:*d.  Figure 
!!,  1  then  indicates  the  maximum  obtainable  efficiency  for  the  c  '..stunt  turbine 
types  and  the  corresponding  specific  diameter  D#  as  function  ot  is,.  Introducing 
the  head  Haj  and  exhaust  volume  flow  Qj  into  term  II  yields  the  required  rotor 
diameter  and  term  (Ill),  the  available  output  of  the  turbine.  If  '*  optimum 
specific  diameter  is  too  large,  figure  11,  1  also  indicates  the  <  “■iiencies 
obtainable  with  smaller  rotor  diameters  (smaller  specific  dian.  -.-if,  By 
multiplying  the  square  of  the  rotor  diameter  with  the  factor  A,  »:ed  in  figure 
H,  1  for  the  different  turbine  types,  an  approximate  value  for  th»  -nil  turbine 
weight  (rotor  and  casing  and  bearing  cartridge)  is  found.  These  values  have 
been  found  to  give  reasonable  weight  data,  particularly  for  rotor  diameters 
between  3  inches  and  8  inches.  Hence  this  diagram  indicates  the  interrelation¬ 
ship  between  speed,  efficiency  rotor  diametei^and  turbine  weight  for  the 
investigated  turbine  types,  shows  the  performance  characteristics  in  the  proper 
perspective  and  clearly  indicates  the  optimum  performance  regime  of  the  different 
turbine  designs.  It  reveals  that  axial  turbines  give  nighest  efficiencies  at  almost 
all  specific  speeds,  but  require  large  specific  diameters.  For  smaller  specific 
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diameter*  the  terry  turbine  become*  competitive  efficlency-wlsei  whereas  the 
drag  turbine  excel*  both  turbine  type*  when  emailer  specific  diameter*  are 
desired  for  specific  speeds  below  6. 

Figure  II,  1  also  shows  the  optimum  degrees  of  admission  for  terry  and 
axial  turbines  and  optimum  ratio  of  rotor  diameter  to  side  channel  depths  for 
drag  turbine*  as  well  as  the  optimum  blade  length  for  axial  turbines,  thus  indicat¬ 
ing  further  details  of  the  design  geometry. 

The  validity  of  this  diagram  is  restricted  to  a  narrow  range  of  Reynolds 
number*  and  blade  numbers  for  axial  and.  terry  turbines,  a  narrow  range  of 
pressure  ratios  for  drag  turbines  and  certain  values  of  the  clearance  s  (expressed  1 
as  clearance  ratio  s/D)  between  .rotor  and  stator.  These  limiting  values  are 
listed  in  figure  II.  1  for  the  different  turbine  type*  together  with  some  approximate 
relations  for  correcting  the  efficiency  in  cases  where  the  desired  design  does 
not  fall  between  these  limits. 

The  conclusions,  reached  so  far,  ars  substantiated  fairly  well  by  test 
data  for  single  stage,  axial  turbines.  For  terry  turbines  only  incomplete  test 
information  is  available,  particularly  test  data  on  bucket  losses.  Drag  turbine 
test  data  are  severely  lacking.  The  date  shown  for  these  turbine  types  ar* 
mainly  extrapolated  data,  based  on  valid  analytical  arguments.  These  values 
have  to  be  labeled  "preliminary"  and  are  subject  to  revision.  This  is  particular¬ 
ly  true  for  drag  turbines,  where  the  complete  lack  of  data  regarding  ihe  actual 
flow  mechanism  allows  or.ly  the  application  of  simplifying  theories  such  as  the 
"drag  theory”.  Although  this  theory  so  far  has  been  proven  to  allow  fairly 
accurate  predictions  of  performance  characteristics  and  probably  defines  the 
main  performance  criteria  reasonably  well,  the  need  for  refined  theories  still 
exists  if  the  full  potential  of  this  turbine  type  is  to  be  exploited.  By  idealising 
the  flow  pattern,  D,  H.  Silvern  developed  a  "dynamic  .1-eory"  for  these  turbine 
types  which  accounts  for  the  influence  of  the  circulatory  flow  component,  neglected 
in  the  drag  theory.  If  tn>.  isolated  flow  pattern  can  actually  be  established,  and 
if  secondary  losses  are  of  insignificant  consequences,  higher  efficiencies  than 
recorded  so  far  appear  to  be  obtainable  with  these  turbine  types.  The  present 
"dynamic  theory"  covers  only  the  incompressible  case,  i.e.,  cases  where  no 
marked  density  changes  occur  in  the  peripheral  channel  (low  pressure  ratios). 
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A  drag  turbine  version  with  component  deeigne  a»  stipulated  by  the  dynamic  theory 
Is  presently  being  prepared, 

% 

More  detailed  briefing*  on  the  different  turbine  types  are  presented  in  the 
individual  summaries  of  the  different  sections  of  this  report  ,  (Sections  IV-D  and 
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HI  PRESENTATION  OF  TURBINE  DATA 
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In  order  to  properly  present  the  turbine  design  criteria  it  is  advantageous 
to  use  the  similarity  parameters,  specific  speed  and  specific  diameter.  Specific 
speed  is  defined  as 
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and  specific  diameter  by 
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when  Q  denotes  the  amount  of  flow  passing  through  the  rotor  discharge  area 
(ft  )sec),N  the  rotative  speed  (rpm),and  Ha(j  the  adiabatic  head  (ft)  of  the  passing 
gas.  These  terms  are  derived  from  similarity  considerations  by. the  following 
arguments:  The  flaw  Q  passing  through  a  turbine  is  proportional  to  a  character* 
istic  velocity  c  and  the  through*fiow  area  A,  The  area  A  is  proportional  to  the 
square  of  the  rotor  diameter  D  and  the  characteristic  velocity  is  proportional  to 
the  rotor  tip  speed  u.  Pence-,  the  volume  flow  passing  through  the  turbine  becomes 
proportional  to  the  product  of  rotational  speed  N  and  the  cube  of  the  rotor  diameter 
D 
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The  head  Haci  expanded  in  the  turbine  is  '•roportional  to  the  square  of  the  character* 
istic  velocity  c  or  tip  speed  u  and  consequently  proportional  to  the  product  of  the 
square  of  the  rotative  speed  and  rotor  diameter 
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Comparing  the  volume  flow  and  the  head  of  a  turbine  with  the  volume  flow. and 
head  of  a  standard  turbine  (subscript"*"  )  it  follows  from  equation  (111,3) 


and 


W<u 


m,s 


Solving  equation  (III,  5)  and  (III,  6)  for  the  diameter  D  assuming  that  the  character^ 
istic  values  of  the  etar.dard  turbine  are  unity(GU=H«*"isO  equation  (III,  1)  is 
obtained  whereas  by  solving  equation  (III, S )  and(!ll,6)  for  the  speed  N,  equation 
(111,  2)  is  obtained.  Thus,  specific  speed  is  the  rotative  speed  required  for  a 
turbine  which  handles  a  volume  flow  of  unity  and  expands  a  head  of  unity  ar.d  the 
specific  diameter  is  the  rotor<diameter  required  fc-v  this  turbine.  It  ir  also 
evident  that  turbine*  having  the  same  specific  speed  and  specific  diameter  are 
similar  in  gjometry  as  well  as  flow  mechanism  and,  therefore,  have  identical 
characteristics,  i.e. ,  the  same  efficiency  if  Reynolds  number  and  Macb  number 
effects  are  neglected.  It  »«  to  be  noted  that  specific  speed  and  specific  diameter 
are  truly  dimensionless  numbers.  This  becomes  evident  when  equation  (III, 4) 
is  written  in  the  form  J  s  •<>  that 
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and 
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For  convenience  and  in  keeping  with  specific  speed  data  commonly  found  in  the 
literature,  the  definitions  given  in  equation  (III,  l)  and  (III,  2)  are  used  m  this 
report.  It  is  to  be  noted  that  these  terms  are  interrelated  with  the  quantities 
which  determine  the  losses  in  the  turbine,  for  examplei 
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[  when  Ax  denote*  the  through- flow  are*  of  a  jet  passing  with  the  velocity  C|«  It  in 

also  interesting  to  note  that  the  product  of  specific  speed  and  specific  diameter  is  3 

r  '  proportional  to  the  turbine  speed  ratio  J 
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.  and  that  the  product  of  specific  speed  and  the  cube  of  the  specific  diameter  is  j7„V 

inversely  proportional  to  the  gulp  factor  tf*,  or  flow  factor  since 
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as  a  function  of  these  parameters  is  a  convenient  tool  for  expressing  the  present  , 

state  of  the  art.  Such  diagrams  are  shown  in  figure  (II,  1).  < 
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Aside  from  being  useful  in  calculating  turbine  l&sses  the  term  specific  speed 
aiso  indicates  the  interrelation  between  the  turbine  HP  and  rotative  speed  since 


when  Kj  denotes  the  density  of  the  gas  at  the  exhaust  port. 

It  it.  therefore  possible  to  express  the  specific  speed  range  of  turbines  as  a 
function  of  horsepower  level,  rotative  speed,  and  exhaust  condition.  Introducing 
numerical  values  which  S'*  *pical  for  accessory  power  units  in  guided  missiles 
(by  assuming  a  pressure  ratio  of  16  and  exhaust  densities  of  .04  Ib/ft  ^  it  follows 
that  turbines  delivering  5  horsepower  at  a  rotative  speed  of  24,000  rpm  operate 
at  a  specific  speed  of  3.2  and  that  turbines  delivering  60  horsepower  operating 
at  the  same  speed  have  a  specific  speed  of  II.  1.  It  is  apparent,  therefore,  that 
the  specific  speed  range  from  2  to  12  is  of  highest  interest  for  typical  APU 
turbines. 
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Tho  absolute  leaving  component  cu_j  can  be  expressed  by 

whereby  the  relative  leaving  component  wu„3  is  a  function  of  the  relative  leaving 
velocity  wj  and  the  rotor  blade  angle  jSfc.j 
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when  the  term  *  2/^  denotes  a  velocity  coefficient  of  the  rotor.  Assuming 

symmetrical  blades,  i.e,,  =  /Sb»3  equation  (IV,  4)  takes  the  form 


Assuming  additionally  incidence-free  inlet  into  the  rotor  blading,  the  angle  Pjy-2 
becomes  interrelated  with  the  nozzle  angle  and  wheel  speed  u2  since  then 
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Introducing  equation  (IV,  7)  into  equation  (IV,  6)  and  assuming  axial  blading  i.e,, 
u2  =  u3  =  u  it  follows 


W*. ,  --u0  32,6 

Introducing  < ',uation  (IV,  3),  (IV,  4)  and  (IV,  8)  into  equation  (IV,  2)  the  final 
equation  for  the  force  exerted  by  the  flow  on  the  rotor  blade  reads: 

rsf-Crfi  [lqJ  ^ 


vmysm 


*Cm  s'  V,  *  j  x>* 
n  v- 1  >  uN  Vi . 


1= 


H.rv'v'.V 

U"’;  •  .  *r, -  ,  *% 

,  s  w  s  „>*,  : 

</-.:•*.  T  * 
**. 

U  •''i«  '  *  v  .< 

ps&s 


.  .NY-vy 

*;4wNj.“-y 

I3S9VBR3KX 


■.V, 


r.'W,'V\' 


4>  »  <  v>  * 

s>:vY«  v  *  -  *  ■ 


S  V' 


r  . 

*  *>*'«.*  «*»**»* 


■-*  </  . 
'«YA\Y 


•  %v, 

■.V'.tN’.NV-'.*' 

,*  ->  — '  „A 

h'&itfMffivfizi 

.  ® 

%v.>y"' *.w> 

-AvYA'-yvv 

,•  ^>vw. 

^.Y-YY>>y 

CsMsSCi^ 

i*fraW 


tst: 


,  v  vYAnYAS 


VjS‘ 


£m 


HP*ViSfr4» *i«i^j 


?| 


w 


AMF/TDNo.  11?6 
Job  No,  721 J 

Hence,  the  torque  of  the  rotor  become# 


*  April  »»*» 
Page  U  ' 


T*S?  O  Owoti(t4  YftWO+t^]  Cft*L63  01,10 

when  D  denote#  the  rotor  diameter,  Thehead  transferred  into  rotative  power  is 
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whereas  the  head  supplied  by  the  gas  i# 
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The  efficiency,  being  the  ratio  of  the  above,  two  heads  is  then  expressed  by  the 
relation 
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Equation  (IV,  13)  describes  the  hydraulic  turbine  efficiency  for  the  full  admission 
impulse  turbine  neglecting  wheel  disc  friction  and  represent#  this  efficiency  as 
a  function  of  the  nozxle  angle  c\;>tthe  velocity  ratio  u/c.,  and  the  velocity  coefficients 
for  the  nozzle^^  ar.d  the  rotor^ft* 

For  partir.!  admission  turbines,  the  average  exit  component  of  the  rotor  in 
peripheral  direction  wu.j  is  decreased  by  the  filling  and  emptying  losses, of  *He 
blades.  These  losses  are  sustained  by  the  fact  that  ?  rotor  channel  moving  into 
the  admitted  portion  of  the  arc  will  at  the  first  instance  offer  a  larger  flow  area  to 
the  nozzle  jet  than  the  nozzle  area  thus  forcing  the  nozzle  jet  to  expand  suddenly 
within  the  rotor  channel.  Hence,  w$  is  smaller  in  this  instance  than  the  wj  value 
after  the  channel  has  entered  fully  into  the  admitted  arc.  Analytical  investigation 
of  this  aspect  as  reported  in  reference  1  and  partially  substantiated  by  test  data 
indicate  that  the  mean  leaving  velocity  wj  is  decreased  by  a  factor 
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when  l  denote*  the  blade  spacing  ar.d  when  a  denote*  the  extension  of  the  r.o.*s> 
arc  .n  the  per.phcral  direction,  Hence,  the  rotor  velocity  coefficient  ha*  * 
to  be  multiplied  by  the  factor  K_  when  e&Uulal.ng  the  hydraulu  efficiency  of  the 
partial  adm.ssion  t.urbir.e*. 

Another  loss  which  has  to  be  considered  for  partial  admission  turbines  i* 
scavenging.  This  loss  is  due  to  mixing  of  the  high  velocity  fluid  from  the  r.crzle 
and  the  relatively  stagnant  fluid  m  that  part  of  the  rotor  that  is  f.rst  becom.ng  active 
in  receiving  the  f.u.d  f:  m  the  r.o/rle.  The  amount  of  energy  expanded  b\  th.s  loss 
has  to  be  subtracted  from  the  amount  of  energy  transferred  into  rotative  power. 
According  to  the  analysis  reported  m  reference  t,  this  energy  can  be. represented 
by  the  head  term 
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where  C  denotes  the  ax: a*  extension  of  the  blades  and  f  a  mixing  coefficient  wh.ch 
appears  to  have  values  of  about  1.4,  Hence,  the  efficisncy  relation  quoted  ir.  equation 
<1V,  13)  has  to  be  corrected  by  a  subtractive  term 
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which  corrects  the  hydraulic  efficiency  for  the  *cave  ^'.:g  Jos*. 


The  rotative  energy  effective  at  the  turbine  shaft  .s  smaller  than  the  e=crg\ 
transferred  into  rotative  power  by  the  wheel  disc  friction.  This  loss  ,s  usuai.y 
expressed  ir.  terms  of  horsepower  loss  by  a  relation  of  the  form 
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when  t  denotes  the  density  of  the  gas  surrounding  the  wheel  disc,  d  the  disc 
diameter  and  Kyf  a  factor  representing  the  influence  of  the  distance  of  the 
stationary  shrouds  and  the  influence  of  the  Reynolds  number.  Usually  the  lose 
coefficient  Kyy  is  represented  as  function  of  both  terms  in  a  diagram  as  shown 
in  figure  (IV,  2)  indicating  an  increase  of  this  coefficient  with  decreasing  Reynolds 
numbers  and  a  minimum  value  for  this  coefficient  for  certain  spacings  between 
disc  and  shroud.  This  power  loss  can  be  transformed  into  a  head  loss  by  writing 
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Hence,  the  hydraulic  efficiency  has  to  be  corrected  by  a  subtractive  term  of  the 
form 


H.I8 


when  the  shaft  efficiency  is  to  be  calculated. 


Another  loss  to  be  considered  in  partial  admission  turbines  are  the  pump¬ 
ing  losses  caused  by  blade  pumping  in  the  unadmitted  arc  of  the  turbine  periphery. 
Many  imperical  formulations  for  this  loss  have  been  presented  in  literature.  The 
most  pertinent  appears  to  be  the  one  quoted  in  reference  2  which  expresses  this 
lo.ss  in  terms  of  horsepower  by  the  relation 
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h,  denotes  the  blade  length  at  inlet^hj,  the  blade  length  at  outlet^dm  the 
blade  diameter, and  Kp  an  experience  factor  varying  from  2,9  x  10 


when  h, 

mean  blade  diameter, and  Kp  an  experience  tactor  varying  . 
for  unshielded  blades  to  about  1,4  x  10  for  properly  shielded  blades.  Trans¬ 
forming  equation  (IV,  19)  into  a  head  term  and  dividing  by  &-<■  the  efficiency 
loss  becomes  « 
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This  term  also  has  to  be  subtracted  from  the  terms  ir>  equation  (IV,  13)  for 
calculating  the  shaft  efficiency  of  partial  admission  turbines. 


na 


With  the  above  interrelation  the  final  equation  for  the  shaft  efficiency  of 
rtial  admission  turbines  reads: 


Considering  now  that  definite  interrelationships  exist  between  the  degree  of 
admission,  weight  flow,  etc.  and  specific  speed  and  specific  diameter,  namely 
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with  a  denoting  the  blade  number^ 
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when  hj  a  hi  it  is  also  evident  that  the  efficiency  can  be  expressed  as  a  function 
of  the  similarity  parameters  -  »  specific  speed  and  specific  diameter.  This  is 
demonstrated  by  introducing  equation  (111,9).  (IV,  22),  (IV,  23),  (IV,  24),  (IV.25), 
and  (IV,  26)  into  equation  (IV,  21)  yielding 
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Equation  (IV,  27)  indicates  that  it  is  sufficient  to  determine  the  interrelationship 
between  and  JL,  a,  £,  C  in  order  to  calculate  the  maximum  obtainable 

efficiency  of  all  axial^impul  se^tur'oine  designs  whereby  is  a  function  of^  which 
is  related  to  «(4  by  equation  (IV,  7).  * 

The  above  derivations  have  an  important  meaning  for  the  selection  of  the 
mast  efficient  design  geometry  and  can  be  enumerated  as  follows: 

(1)  The  degree  of  admission  equation  (IV,  24)  is  a  function  of  the  specific 
diameter.  Since  max  depends  on  Ns  and  Ds,  the  optimum  degree 
of  admission  is  not  an  independent  parameter,  but  a  function  of  Ns, 

Ds,  end  h/D 

(2)  The  parameter  t/a  (equation  IV,  221  is  a  function  of  the  specific  diameter 
which  again  means  that  the  optimum  t/a  value  is  a  function  of  Ns,  Ds, 
and  h/jj. 
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tt  will  be  shewn  in  Section  C  that  the  above  enumeration  is  also  valid  for 
terry  turbines  where  the  blade  distance  H  replaces  the  blade  heights  h. 

It  is  also  important  to  note  that  the  nozzle  area  or  the  dimension* 
less  parameter  Al^p2  is  related  to  the  specific  diameter  since 
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Equation  (IV,  29)  demonstrates  that  An/q2  changes  with  pressure  ratio  for  constant 
Ds  values  meaning  that  the  nozzle  area  is  related  to  the  specific  diameter  by  the 
turbine  pressure  ratio  Pl/pj  and  turbine  efficiency  . 

B.  Axial  Turbines 

I,  Investigation  of  Losses 

The  information  on  losses  published  in  the  literature  up  to  1951  is 
critically  reviewed  in  reference  3,  which  reports  the  fcd;oving  findings: 

The  total  loss  occurring  in  cascades  can  be  subdivided  into  a  number  of 
component  losses  as  follows: 
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a.  Profile  losses  denoting  that  part  of  the  total  loss  which  Is  caused 
by  skin  friction  or  separation  in'a  uniform  two-dimensional  flow 
across  a  grid, 

b.  Secondary  losses  caused  by  non-uniformity  of  the  three  dimensional 
flow,  i,e, ,  losses  occurring  mainly  at  the  tip  and  hub  section  of 
of  the  cascade. 

c.  Leakage  losses 

d.  Miscellaneous  losses  as,  for  example,  losses  caused  by  the  wake  of 
the  trailing  edge  of  the  blade. 

e.  Reynolds  number  influence 
a.  Profile  Losses 

Profile  losses  are  compar  itively  well  documented  and  are  found  to  be 
mainly  a  function  of  the  pitch-chord  ratio  S  and  flow  turning -angle  A?  .  Figure 
(IV,  3)  is  representative  of  these  findings  c,'  "Nog  the  profile  losses  for  typical 
nozzle  blades  and  impulse  blades,  indicati-  :■  that  pitch-chord  ratios  of  ,  5  to  .9, 
depending  on  nozzle  angled.  ,  are  optimum  tor  nozzles  and  pitch-chord  ratios  of 
.5  to  .8,  depending  on  the  blade  angle  r.  -  optimum  for  impulse  blades.  The 
loss  is  expressed  in  these  diagrams  by  a  velocity  coefficient  y  which  is  defined 
as  the  ratio  of  actual  leaving  velocity  c.  and  respectively,  and  theoretical  gas 
velocity  Cj  obtainable  without  losses,  i.e,, 


when\denotes  a  loss  factor.  It  is  to  be  noted  that  the  optimum  pitch-chord  ratio 
decreases  with  decreasing  blade  angles  (i  for  impulse  blades. 
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b.  Secondary  Losses 

Considerable  uncertainty  is  displayed  regarding  numerical  values  for 
secondary  tosses.  Since  these  losses  are  presumed  to  cover  the  influence  of  the 
flow  disturbances  caused  by  the  hub  and  tip  shroud  (or  tip  clearance),  it  appears 
logical  that  these  tosses  should  depend  mainly  on  the  aspect  ratio  /ft  when  aspect 
ratio  is  defined  as  the  ratio  of  blade  heights  h  and  chord  lengths  C,  This  thought 
is  favored  by  reference  3,  which  states  that  the  optimum  pitch-chor.d  ratio  is 
independent  of  aspect  ratio  and  that  the  sum  of  profile  and  secondary  losses  can 
be  computed  by  adding  a  secondary  toss  factor  Xt  to  the  profile  loss  factor  , 
i.  •< 

n* 

It  it,  however,  pointed  out  in  this  reference  that  this  approach  is  not  undisputed, 
since  some  investigators  quote  a  significant  change  in  the  optimum  pitch-chord 
ratio  with  aspect  ratio.  This  would  suggest  that  the  sum  of  profile  and  secondary 
losses  can  be  obtained  by  modifying  the  loss  coefficient  Xf’  .  representing  the 
profile  losses  with  a  secondary  loss  coefficient  which  then  would  depend  on  aspect 
ratio  and  also  to  some  degree  on  the  pitch-chord  ratio. 

For  typical  nozzle  blades  the  sum  of  profile  and  secondary  losses  is 
comparatively  well  covered  in  reference  3,  This  information  is  reproduced  in 
figure  (IV,  4),  It  is  apparent  from  this  figure  that  the  aspect  ratio  has  a  sizeable 
influence  on  total  losses,  particularly  the  aspect  ratio  below  unity. 

Profile  and  Secondary  Losses  in  Nozzle  Blades, 

*  It  appears  from  figure.'  (IV,  3)  and  (IV,  4)  that  the  basic  relationships 
governing  the  magnitude  of  the  nozzle  loss  coefficient  is  fairly  well  established, 
and  that  "yH  values  of  ,95  to  ,  96  are  obtainable  for  most  nozzle  designs,  and  that 
the  optimum  pitch-chord  ratio  decreases  slightly  with  decreasing  values 
rendering  S  values  of  ,6  to  ,9  as  most  desirable  design  objectives.  Actually  the 
variation  of  optimum  pitch-chord  ratio  with  nozzle  angle  might  be  somewhat  less^ 
as  indicated  by  the  curve  of  Zweifel,  reference  3,  which  is  reproduced  in  figure 
(IV,  5),  The  above  values  are  independent  of  Mach  number  i.e  pressure  ratio, 
assuming  that  a  properly  diverging  channel  section  is  provided  after  the  throat 
in  supersonic  nozzles.  This  is  indicated  by  figure  (IV,  6)  by  reproducing  values 


independent  of  aspect  ratio  for  <4^  >  I  ,  A  typical  plot  for  the  interrelation 
between  K*  and  pitch-chord  ratio  is  given  in  figure  (IV,  7)  for  a  chamber  angle  of 


fit  -  SI  degrees.  Equation  (IV,  35)  is  plotted  by  converting  to  Y—  (accord¬ 
ing  to  equation  (IV,  31))  as  a  function  of  pitch-chord  ratio  for  different  aspect 
ratios  in  figure  (IV,  8)  (solid  lines)  indicating  that  the  optimum  pitch-chord  ratio  . 
tends  to' decrease- with  decreasing  aspect  ratios*  The  dashed  lines  in  figure  (IV, 8) 


represent  equation  (IV,  33)  and  indicate  that  the  optimum  pitch-chord  ratio  is 
independent  of  aspect  ratio  and  that  the  influence  of  the  aspect  ratio  is  consider¬ 
ably  stronger  than  shown  by  equation  (IV,  35),  appearing  to  almost  rule  oat  aspect 
ratios  of/R<,4  (or  efficient  blade  designs.  The  available  test  evidence  is  stilt 
insufficient  to  corroborate  either  equation.  Since  the  difference,  however,  for  Al>.J> 
appears  to  be  within  tolerable  limits,  equation  (IV,  33)  is  selected  for  reasons  of 
simplicity  to  represent  the  influence  of  the  aspect  ratio  on  the  sum  of  profile  ar.d 


secondary  losses  in  impulse  bladings. 


Conflicting  information  is  given  by  the  currently  available  literature  on  the 
optimum  pitch-chord  ratio  for  impulse  blades.  The  most  pertinent  information 
is  reproduced  in  figure  (IV.  9).  indicating  that  Ainley  reports  a  tendency  of 
decreasing  optimum  pitch-chord  ratios  with  decreasing  blade  angles;  whereas 
Zweifel  and  Howell  indicate  the  opposite  tendency.  In  view  of  this  situation,  it 
appears  to  be  unwarranted  at  this  time  to  modify  equation  (IV,  33),  (quoted  as  the 
preferred  relationship  for  the  losses  in  implulse  blades)  by  a  correction  factor 
for  the  pitch- chord  ratio,  as  long  as  the  pitch-chord  ratio  stays  within  values  of 
,5  to  .8,  Since  these  values  usually  can  be  obtained  in  most  turbine  designs  as 
will  be  shown  in  Section  4B  (2),  it  is  assumed  that  equation  (IV,  33;  covers  the 
main  aspect  of  the  influence  of  cascade  geometry  on  the  los  coefficient,  with  the 
exception,  however,  of  the  influence  of  the  turning  angle.  Reference  2  quotes 
data  on  this  effect  based  on  a  large  number  of  tests  made  by  various  investigators. 
They  are  reproduced  in  figure(lV,  10)  where  the  upper  line  is  representative  of 
nozzle  blades,  the  middle  line  for  well  designed  impulse  blades,  and  the  lower 
line  for  sheet  metal  impulse  blades.  The  upper  two  lines  agree  fairly  well  with 
later  NACA  investigations  on  gas  turbine  bladings.  This  tendency  can  be  expressed 
by  an  approximate  relation  of  the  form 
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The  influence  of  the  flow  Mach  number  on  the  losses  in  impulse  blades  was 
investigated  in  several  references  {references  2,  3,  7,  8,  9,  and  10).  These  refer¬ 
ences  indicate  that  the  influence  of  the  Mach  number  is  comparatively  small  in 
the  subsonic  regime,  indicating  in  many  cases  a  minimum  value  at  close  to  sonic 
velocities.  For  impulse  blading,  the  influence  of  the  Mach  number  seems  to  be 
more  pronounced  in  the  supersonic  regime  and  follows  a  tendency  as  indicated 
in  figure  (IV,  11),  i.e,,  a  decrease  in  velocity  coefficient  with  increasing  Mach 
numbers.  From  this  information,  it  appears  that  a  correction  factor  of  the  form 


)] 


is  sufficient  to  express  the  influence  of  Mach  number.  It  is  interesting  in  this 
respect  that  the  radius  cf  curvature  between  throat  and  trailing  edge  at  the  upper 
blade  surface  is  of  considerable  influence  on  the  velocity  coefficient  in  the  sub¬ 
sonic  regime  as  indicated  in  figure  (IV,  12).  This  figure  indicates  that  the  radius 
should  be  about  5  times  the  blade  distance,  or  preferably  larger,  in  order  to 
avoid  detrimental  effects  of  the  Mach  number. 

Other  references,  (references  6,  11, and  12)  report  on  the  influence  of  blade 
curvature  on  profile  and  secondary  losses  for  impulse  blades  by  reporting  the 
results  of  cascade  measurement?  on  four  different  profiles.  Reference  11 
indicates  that  a  profile  with  a  single  arc  curvature  has  a  smaller  velocity 
coefficient  than  profilts  constructed  as  mathematical  curves.  By  rounding 
the  leading  edge,  the  velocity  coefficient  is  increased.  The  largest  velocity 
coefficient,  which  is  also  less  sensitive  to  Mach  number  than  the  previous  pro¬ 
files,  was  measured  when  the  fabrication  accuracy  was  increased  from  .3 
millimeters  to  .05  millimeters.  The  increased  accuracy  gave  a  2  per  cent 
iiigher  .  scade  efficiency. 
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In  summarizing  the  above  discussion  on  profile  and  secondary  losses  in 
impulse  blades,  it  appears  that  an  equation  of  the  form 


£■)*]  [l-.dS(M^l)]  hi 


is  suitable  for  expressing  the  velocity  coefficient  in  impulse  blades  as  a  function 
of  deflection  angle,  Mach  number^and  aspect  ratio, 

c.  Leakage  Losses 

Reference  5  quotes  a  relationship  for  the  tip  clearance  loss  which 
appears  to  be  founded  on  good  analytical  reasoning.  The  derivation  is  based 
on  the  following  considerations: 

The  lift  experienced  by  the  blades  is  assumed  to  be  evenly  distributed 
over  the  blade  lengths,  which  means  that  the  pressure  difference  between  ihfe 
pressure  and  the  suction  side  of  the  profile  is  evenly  distributed  over  the  blade. 
This  pressure  difference  causes  a  certain  leakage  flow  over  the  blade  tips, 
which  can  be  calculated  with  the  usual  relationships.  Expressing  this  leakage 
flow  in  the  form  of  a  leakage  factor,  it  results  for  impulse  blades 
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whr  reby  the  constant  would  be  expected  to  have  values  of  about  l.  5.  Equation 
(IV,  39)  indicates  that  the  leakage  factor  depends  mainly  on  the  pitch-chord 
ratio  and  on  the  ratio  of  radial  tip  clearance  s  to  radial  blade  lengths  h.  It 
is  interesting  to  note  that  the  pitch-chord  ratio  is  of  particular  significance  as 
indicated  in  figure  (IV,  13)  which  shows  that  for  equal  value  of  s/h  the  leakage 
factor  is  increased  by  a  factor  of  1.4  when  the  pitch-chord  ratio  is  decreased  by 
a  factor  of  2  This  interrelationship,  however,  is  of  importance  only  in  cases 
where  Yh  X0&  .  Most  designs  can  be  expected  to  maintain  i.e, 

can  be  designed  with  clearances  where  the  tip  leakage  loss  is  comparatively  small. 
In  view  of  this  situation,  it  appears  to  be  unnecessary  at  this  time  to  introduce  a 
correction  factor  for  the  tip  clearance  loss  as  long  as  ,02  can  be  maintained. 
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d.  Miscellaneous  Losses 


Some  calculated  data  regarding  the  effect  of  trailing  edge  thickness  on 
the  cascade  is  offered  in  reference  3,  According  to  this  information,  an  equation 
of  the  form 
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represents  the  velocity  coefficient  for  the  sum  of  profile  losses,  secondary 
losses,  and  edge  losses  when  A<r<i  denotes  the  loss  coefuent  presenting  profile 
and  secondary  losses  and  when  e  denotes  a  factor  which  depends  on  the  ratio  of 
trailing  edge  thickness  and  blade  pitch  t  and  on  the  blade  angle  as  indicated 
in  figure  (IV,  14),  This  plot  shows  a  sizable  influence  of  the  ratio (e^  on  the  loss 
coefficient  which  to  some  degree  appears  to  be  suostar.tiated  with  test  data.  It 
means  that  for  frequently  found  values  of  *eA  5  ,04  to  .05,  the  loss  coefficient  is 
increased  (compared  with  *e/t  =  0)  by  a  factor  of  1.2  to  1,25.  Since  it  is  presumed 
for  these  investigations  that  values  ot’  *eA  =  ,01  to  ,02  can  be  maintained  in  most 
cases,  no  correction  ha?  been  introduced. 

The  influence  of  surface  roughness  is  investigated  in  reference  13.  The 
significant  result  is  that  a  certain  critical  roughness  value  rc  exists.  No  change 
in  loss  coefficient  was  observed  for  roughness  values  below  rc ,  but  a  marked 
increased  for  roughness  when  the  value  was  greater  than  rc;  namely  an  increase 
by  a  factor  of  2  when  the  roughness  is  increased  by  a  factor  of  4. 

Most  investigators  quote  a  comparatively  small  effect  of  the  axial  clearance 
between  rotor  and  stator.  As  an  example,  a  relation  quoted  in  reference  11  is 
reproduced  in  figure  (!  V,  15)  indicating  that  axial  clearances  up  to  2  per  cent  of 
the  blade  length  hardly  effect  the  efficiency.  It  is  to  be  expected  that  this  relation 
has  to  be  qualified  since  a  pronounced  influence  of  blade  thickness  on  the  clearance 
sensitivity  will  exist.  It  is  assumed  that  for  thick  trailing  edges,  a  small  axial 
clearance  is  detrimental  due  to  the  comparatively  large  wake  wmch  enters  the 
rotor  blade.  If  the  axial  distance  is  increased,  the  flow  pattern  can  straighten 
itself  out  before  entering  the  blade,  thus  most  likely  reducing  the  detrimental 
wake  effect.  It  is  to  be  expected,  therefore,  that  the  optimum  axiat  distance  is 
to  some  degree  a  function  of  the  thickness  of  nozzle  blade  trailing  edge. 
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Same  information  is  found  ir.  the  literature,  particular!/  reference  3, which 
indicates  an  tn«*  'aso’in  profile  loss  by  oblique  angles  of  attack  at  the  leading, 
edge  of  the  ro:  ar  blades.  No  detailed  evaluation  of  these  relationships  has  been 
made  yet  since  the  primary  aim  of  this  program  are  design  considerations  rather 
than  calculations  of  the  performance  characteristics  of  a  given  turbine.  It  is, 
hawever,  interesting  to  not*  that  blunt  leading  edges  in  subsonic  grids  not  .only 
have  a  beneficial  effecton  the  incidence  losses,  but  also  on  the  profile  loss  at 
zero ‘incidence,  This  is  demonstrated  in  reference  II  which  indicates  that  a 
blunt  edge  is  about  2  per  cent  more  efficient  than  a  sharp  edge  at  zero  incidence, 

e.  Reynolds  Number  Influence 

..Result#  of  the  influence  of  the  Reynolds  number  on  the  velocity 
coefficient  are  found  in  reference  3,  The  main  result  is  that  a  pronounced 
effect  of  Reynolds  number  exists  at  Reynolds  nur.be r  below  2  x  10*.  Figure  (IV,  16) 
indicates  that  the  profile  loss,  and  consequently  the  overall  loss,  is  almost  doubled 
by  decreasing  the  Reynolds  number  by  a  factor  of  4,  Other  investigators  place  the 
critical  Reynolds  number  at  slightly  lower  values,  namely  Re  cr  s  10s,  The  effect 
of  Reynolds  number  on  the  overall  turbine  efficiency  by  using  the  information 
represented  in  figure  (IV,  16)  will  be  discussed  in  more  detail  in  Section  IV,  B2. 

2.  Performance  of  Single  Stage  Turbines 


In  equation  (IV,  27),  the  efficiency  of  single  stage  turbines  is  quoted  as 
a  function  of  specif’'"  speed,  specific  diameter,  and  certain  loss  coefficients  of  the 
turbine  nozzle  and  ,  rbine  rotor.  The  dependency  of  these  two  factors  on  the 
geometry  was  discussed  in  Section  IV,  BI.  The  main  result  was  that  the  nozzle 
velocity  coefficient  can,  in  almost  all  cases,  be  assumed  T*  =  ,96  as  long  as  pitch- 
chord  ratios  of  . 6  to  , 9  are  achieved.  The  relation  for  the  rotor  loss  coefficient 
is  quoted  in  equation  (IV,  38)  where  the  assumption  is  made  that  the  rotor  Reynolds 
number  is  larger  than  2  x  10s,  that  the  clearance  ratio  s/^  is  smaltcr  than  ,02, 
that  the  critical  roughness  value  i3  not  exceeded,  and  that  the  trailing  edge  thick¬ 
ness  ratio  le/t  is  smaller  than  ,02,  Introducing  the  above  relationship  into 
equation  (IV,  27)  it  results 
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This  relation  can  be  simplified  considerably  when  it  is  assumed,  as  proven  by 
sample  calculations,  that  the  members  quoted  in  the  first  line  of  equation  (IV,  41) 
are  the  most  decisive  values.  Hence,  maximum  efficiencies  will  be  obtained 
when  the  product 


= ‘^1 


yields  a  maximum.  In  referring  to  figure  (IV,  17),  which  shows  a  typical  cascade 
section,  it  is  evident  that  the  following  geometrical  relationships  exist: 


25<* 1$ 


when  the  radius  t^is  assumed  to  be  equal  to  the  channel  width  a.*  This  assumption 
gives  reasonable  channel  geometries  and  also  satisfies  the  optimum  pitch-chord 
ratio  relation,  quoted  in  figure  (IV,  9),  1  niroducing  these  relations  into  equation 
(IV,  42#  and  differentiating  equation  (IV,  42)  to  find  the  maximum,  it  results  that 
an  optimum  tyo  value  exist  which  follows  the  relation 
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Introducing  this  optimum  relation  into  equation  (IV, -41)  and  also  replacing  the 
value  C  in  the  second  lines  of  equation  (IV,  41)  by  equation  (IV,  44),  it  follows 


for  the  maximum  efficiency  of  single  stage  axial  turbines 

V O' !?]['*  ,c 
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This  relation  now  quotes  the  efficiency  as  a  function  of  specific  speed,  specific 
diameter,  nozzle  angle,  blade  .angle,  and  blade  number,  whereby  it  is  to  be 
observed  that  an  interrelationship  exists  between  the  nozzle  angle  and  blade 
angle  (for  incidence  free  inlet)  as  given  in  equation  (IV,  7),  Instead  of  quoting 
the  blade  number,  the  ratio  of  cutter  diameter  (for  cutting  the  rotor  channel)  Q* 
to  wheel  diameter,  can  also  be  introduced  into  equation  (IV,  46),  since 


These  relations  indicate  that  the  maximum  obtainable  efficiency  becomes 
an  exclusive  function  of  specific  speed  and  specific  diameter,  nozzle  angle,  and 
either  blade  number,  or  ratio  of  cutter  diameter  to  rotor  diameter.  This  makes 
it  e%ident  that  other  parameters  such  as  the  ratio  of  blade  heig.it  over  diameter, 
or  the  ratio  of  the  arc  of  admission  to  blade  pitch,  or  aspect  ratio,  are  not  pri¬ 
mary  criteria,  but  become  functions  of  specific  speed,  specific  diameter,  blade 
number,  and  nozzle  angle. 


Dv  selecting  a  specific  speed,  nozzle  angle,  and  blade  number  and  \arying, 
for  example,  the  specific  diameter,  the  optimum  specific  diameter  can  be  found. 

A  typical  plot  is  shown  in  figure  (IV,  18),  indicating  that  me  :imum  efficiencies 
are  obtained  at  certain  specific  diametejs,  whereby  the  optimum  Ds  value  increases 
with  decreasing  specific  speeds.  This  also  means  that  for  thi3  maximum  efficiency 
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certain  optimum  value*  of  h‘i>  exiat  whereby  the  optimum  Vd  depends  mainly 
on  D*  increasing  with  decreasing  specific  diameters  as  indicated  by  equation 
(IV,  45),  Figure  (IV,  18)  can  now  be  transformed  into  a  N4D,  diagram  by  show¬ 
ing  lines  of  constant  efficiency  as  the  function  of  specific  speed  and  specific 
diameter.  Such  a  diagram  is  shown  in  figure  (IV,  19)  indicating  at  the  same 
time  the  optimum  tyjj  values  as  well  as  optimum  degrees  of  admission.  This 
plot  is  calculated  for  a  nozzle  angle  of  16  degrees  and  a  value  of  a’/o=,010. 

An  inspection  of  this  diagram  reveals  the  following  trends.  The  optimum 
degree  of  admission  decreases  with  decreasing  specific  speeds.  In  order  to 
obtain  highest  efficiencies  at  decreasing  specific  speeds,  the  specific  diameter 
has  to  be  increased  and  the  ratio  of  blade  height  to  rotor  diameter  has  to  be 
decreased.  This  means  that  turbines  with  low  degrees -of  admission,  i.e..  low 
specific  speed  turbines,  must  show  comparatively  large  rotor  diameters  with 
comparatively  short  blades.  Since  the  ratio  of  cutter  diameter  to  rotor  diameter 
should  be  minimized,  it  atso  follows  that  the  number  of  blades  should  be  maximized 
which  means  that  low  specific  speed  turbines  show  best  efficiences  only  if  the 
maximum  possible  number  of  blades  is  selected. 

Full  admission  turbines,  i.e.,  high  specific  speed  turbines,  show  best 
efficiencies  at  considerably  smaller  specific  diameters  and  considerably  larger 
ratios  of  blade  heights  to  rotor  diameter,.  For  the  same  ratio  of  the  blade 
number  also  is  smaller  than  in  corresponding  partial  admission  turbines.  This 
means  that  full  admission  turbines  usually  show  a  comparatively  low  number  of 
blades  for  optimum  efficiency  and  also  comparatively  long  blades.  It  becomes 
evident,  therefore,  that  only  inefficient  partial  admis-sion  turbine  designs  are 
obtained  if  the  blade  geometry  found  acceptable  for  full  admission  turbines  is 
adopted  for  partial  admission  turbines. 

The  influence  of  the  blade  nvmber  is  demonstrated  in  figure  (IV,  20)  by 
showing  the  maximum  obtainable  efficiency  for  different  specific  speeds  as 
function  of  specific  diameter  by  selecting  for  design  A,  a  blade  number  of  100 
and  for  design  B,  a  blade  number  of  42,  A  comparison  of  these  curves  reveals 
that  the  smaller  blade  number  has  a  considerable  effect  particularly  at  low 
specific  speeds.  For  example,  it  decreases  the  maximum  obtainable  efficiency 
at  specific  speeds  of  3  by  40  per  cent  and  only  by  15  per  cent  for  specific  speeds 
of  30.  This  diagram  also  demonstrates  that  high  blade  numbers  are  desirable 
for  all  axial  turbine  designs,  but  are  of  particular  importance  in  low  specific 
speed  turbines. 
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The  practice  of  adopting  the  design  philosophy,  usually  applied  for  full 
admission  turbines,  also  to  partial  admission  turbines,  might  be  partly  response 
ble  for  the  low  efficiencies  quoted  so  far  in  the  available  literature  (reference 
14).  The  optimum  data  taken  from  reference  14  are  plotted  as  a  solid  line  in 
figure  (IV,  21)  by  showing  the  maximum  obtained  efficiency  as  the  function  of 
specific  speed.  The  dashed  line  in  this  diagram  shows  the  efficiencies  obtain- 
able  with  optimised  geometries  and  the  dotted  line  shows  the  AMF/TD  test 
results  of  a  partial  admission  turbine  optimized  for  a  specific  speed  of  3,  An 
inspection  of  these  curves  reveals  the  considerable  gains  which  are  obtainable 
wit{i  optimized  geometries  in  partial  admission  turbines  and.  also,  demonstrates 
that  the  considerations  which  led  to  the  optimization  are  partly  substantiated  by 
test  data. 

Influence  of  Blade  Number 

It  is  now  of  interest  to  investigate  the  effect  of  several  geometric  parameters 
neglected  so  far  in  figure  (IV,  19)  on  the  maximum  obtainable  efficiency.  For  this 
purpose  equation  (IV,  46)  has  been  rewritten  by  introducing  average  values  for 
nozzle  angl«  and  blade  angle,  yielding  an  equation  of  the  form 
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This  equation  shows  that  aside  from  specific  speed  and  specific  diameter,  the 
ratio  of  specific  diameter  over  blade  number,  or  its  equivalent,  the  product  of 
specific  diameter  and  ratio  of  cutter  diameter'  over  rotor  diameter, emerges  as 
additional  criteria.  This  suggests  that  the  influence  of  the  blade  number  on 
efficiency  could,  for  example,  be  expressed  by  a  correction  factor  by  writing 
the  ratio  of  efficiency  to  base  efficiency  {Vi.  )  and  by  representing  this  ratio 
as  function  of  Dg/2,  1*  is  apparent  from  equation  (IV,  48)  that  such  a  plot  must 
show  specific  speed  and  specific  diameter  as  additional  parameters  when  an 
exact  correction  factor  is  to  be  determined.  It  appears  possible,  however,  to 
simplify  this  relation  by  only  considering  tiie  members  in  parenthesis  in 
equation  (IV,  48),  With  this  assumption,  the  correction  factor  for  the  blade 
number  would  take  the  form 
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It  is  evident  that  such  a  relation  must  be  quite  inaccurate  at  large  specific 
diameters  since  the  subtractive  members  neglected  in  equation  (IV,  48)  increase 
with  increasing  specific  diameters  and  also  change  with  specific  speed.  If  the 
influence  of  specific  speed  is  neglected,  it  must  be  expected  that  the  influence  of 
specific  diameter  is  stronger  than  indicated  in  equation  (IV,  49).  By  allowing 
some  inaccuracy  it  appears  possible  to  account  for  this  influence  by  modifying 
equation  (IV,  49)  to  the  form 


This  relation  is  graphically  shown  in  figure  (1 V,  22),  indicating  a  strong  influence 
of  the  ratio  of  specific  diameter  over  blade  number  on  the  obtainable  efficiency, 
revealing  an  efficiency  drop  of  about  50  per  cent  for  large  specific  diameters, 
i.e,,  typical  partial  admission  turbines,  when  only  one-third  of  the  optimum 
blade  number  is  selected.  This  figure  at  the  same  time  also  reveals  that  the 
influence  of  the  blade  number  is  smaller  at  lower  specific  diameters,  i.e,,  full 
admission  turbines,  as  discussed  previously.  In  order  to  test  the  degree  of 
approximation  involved  in  equation  (IV,  50),  figures  (IV,  23)  and  (IV,  24)  have 
been  calculated  showing  lines  of  constant  efficiency  as  the  function  of  specific 
speed  and  specific  diameter  for  a^o  values  of  .015  and  ,025.  (a  =  66  and  40) 
i.e,,  progressively  larger  than  the  (  s  -  100)  value  assumed  for  figure 
(IV,  19).  Comparing  the  efficiencies  resulting  from  these  diagrams  with  the 
correction  offered  in  figure  (IV,  22),  it  results  that  the  correction  factor 
defined  by  equation  (IV,  50)  gives  fair  values  for  specific  speeds  between  I  and 
10,  i.e,,  for  the  range  which  is  of  highest  interest  for  partial  admission 
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turbines  as  applied  in  accessory  power  units  for  guided  missiles.  Equation 
(IV,  50),  however,  does  not  represent  the  change  in  optimum  **/D  values  and 
optimum  degrees  of  admission  caused  by  the  different  values  of  ai)»  Hence, 
the  correction  factor  offered  in  equation  (IV,  50)  should  only  be  used  as  a  first 
rough  approximation.  The  main  purpose  for  quoting  figure  (IV,  22)  is  to  show 
the  high  degree  of  sensitivity  to  proper  blade  nuiober  selection  exhibited  by  partial 
admission  axial  turbines. 

Equation  (IV,  46)  quotes  efficiency  as  a  function  of  specific  speed,  specific 
diameter,  noiale  angle,  blade  angle,  and  blade  number.  It  was  stated  in  Section 
B,  1  by  discussing  the  loss  sources,  that  Reynolds  number  influences. have  been 
neglected  and  that  equation  (!V,  46)  was  presuming  a  constant  Reynolds  number 
(Re  =  2  x  105)  and,  furthermore,  that  the  radial  clearance  is  less  t’.antwo  per 
cent  of  the  blade  height  and  that  the  trailing  edge  thickness  is  less  than  two  per  cent 
of  the  blade  pitch.  It  is  now  of  interest  to  investigate  the  influence  of  these 
parameters  on  the  maximum  obtainable  efficiency, 

Reynolds  Number  Effect 

The  blade  Reynolds  number  used  in  figure  (IV,  16)  was  defined  by 


Introducing  the  previously  defined  parameters  into  equation  (IV,  51)  the  Reynolds 
number  can  also  be  written  in  the  form 


-n  -  Wco 


n 


revealing  that  the  ratio  of  rotor  diameter  over  blade  number  or  for  a  given 
specific  speed,  the  ratio  of  specific  d.ameter  o\er  blade  number  becomes  again 
a  criterion.  From  figure  (IV',  16)  it  appears  that  the  blade  loss  coefficient  Yp 
varies  with  Reynolds  number  according  to  the  relation  (approximate) 
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thereby, the  constant  has  a  value  of  about  530.  Considering  now  equation  (IV, 48) 
and  again  accounting  only  f>*r  the  members  in  parenthesis  of  this  equation,  the 
ratio  of  efficiency  over  bane  efficiency,  after  introducing  equation  (IV,  53) 
additionally,  can  be  written  in  the  form 


2.  »+[>-  •<*%]%-  gr 

i»[>- Tfe 


Remembering,  again,  that  the  subtractive  members  in  equation  (IV,  48)  are 
mainly  a  function  of  specific  diameter.-equation  (IV,  54)  has  to  be  modified  so 
as  to  yield  a  larger  influence  of  specific  diameter,  suggesting  after  further 
simplifications,  a  relation  of  the  form 


X-  -iiisLi MLnst)— 


This  equation  again  indicates  that  the  Reynolds  number  effect  is  a  function  of 
specific  diameter  and  blade  number,  increasing  with  increasing  ^s/*  values. 
This  relation  is  plotted  in  figure  (IV,  25),  However,  the  relation  must  be  applied 
with  discretion  since,  as  indicated  in  equation  (IV.  52),  the  Reynolds  number 
increases  with  increasing  Dgfe  values.  This  means  that  in  most  cases  where 
the  Reynolds  number  effect  is  large,  (large  Ds/2  values)  the  Reynolds  number 
itself  tends  to  be  large  i,  e.  close  to  the  base  Reynolds  number,  so  that  only  small 
deviations  from  the  base  efficiency  occur.  It  appears  that  for  most  cases  the 
more  conventional  quotation  of  Reynolds  number  influence,  namely 
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will  give  acceptable  average  values. 
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Leakage  Effect 


The  Influence  of  lim  leakage  on  the  blading  efflciencyma*  quoted  in  equation 
'(IV,  39)  and  graphically  represented  in  figure  (IV,  13),  Introducing  equation  (IV,  44) 
into  equation  (IV,  46),  the  relation  for  the  leakage  factor  simplifies  to 
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i  -t  V7 


indicating  that  the  leakage  factor  ia  almost  exclusively  a  function  of  tip  clearance 
over  blade  lengths.  Considering,  again,  only  the  numbers  ia  parenthesis  in 
equation  (IV,  48)  and  introducing  equation  (IV,  57)  a  correction  factor  for  the  leak¬ 
age  effect  can  be  quoted  in  ths  form 
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31, « 

Considering  now  that  the  subtractive  numbers  in  equation  (IV,  48)  have  a  strong 
influence  at  large  specific  diameters,  a  modification  to  the  form 
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is  indicated  which  is  graphically  presented  in  figure  (IV,  26).  where  a  clearance 
ratio  of  (*/h)o  -  •  02  is  used  as  the  reference  point  in  accordance  with  the 
assumptions  discussed  in  Section  IV,  BIC.  This  diagram  re\eals  a  noticeable 
effect  of  the  ratio  ^s/g  on  the  leakage  sensitivity  meaning  that  for  equal  blade' 
numbers  the  ratio  */h  is  somewhat  more  important  for  large  specific  diameter 
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Equation  (IV,  59)  give*  an  approximate  relation  for  the  rim  clearance 
correction  factor  by  expressing  the  rim  clearance  in  per  cent  of  the  blade  lengths. 
The  reference  value  «/h  is  a  useful  parameter  from  an  aerodynamic  point  of 
view,  since  s/b  expresses  directly  the  geometrical  leakage,  thus  linking  the 
efficiency  drop  to  channel  geometry.  From  a  manufacturing  point  of  view,  the 
tip  clearance  ratio  ®/D  is  of  more  significance.  By  observing  equation  (IV,  45) 
which  states  the  optimum  h/D  ratio  as  afunction  of  specific  speed,  it  results  that 
the  optimum  blade  lengths  decreases  with  increasing  specific  diameters.  This 
means  that  the  ratio  '/D  becomes  more  sensitive  to  specific  diameter,  namely 

T  7 — C- 


a- 


"wv 

indicating  that  typical  partial  admission  turbiner  are  considerably  more  sensitive 
to  */D  than  typical  full  admission  turbines. 


Trailing  Edge  Thickness 


The  influence  of  this  parameter  on  the  velocity  coefficient  was  quoted  in 
equation  (IV,  40)  and  graphically  represented  in  figure  (IV,  14),  Introducing 
equation  (IV,  40)  into  equation  (IV,  46)  and  considering  only  the  numbers  in 
parenthesis  in  equation  (IV,  46),  a  correction  factor  can  be  written  in  the  form 


nu 


which,  agam,  ohow*  the  influence  of  the  parameter  specific  diameter  over  blade 
number.  Considering  that  the  subtractive  members  in  equation  (IV,  46)  have 
a  particularly  strong  influence  at  large  specific  diameters,  a  modification  of 
equation  (IV,  61)  to  the  form 

J3 _ 2-.o se  -  -&■  ( 3  -,0Se) 
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is  indicated. 


turbine's  (typical.partial  admission  turbines)  than  for  low  specific  diameter  turbines 
(typical  full  admission  turbines).  It  is,  however,  also  evident  by  comparing  figure 
(IV,  26)  with  figure  (IV,  22)  that  the  effect  of  specific  diameter  on  the  leakage  is 
considerably  smaller  than  the  effect  of  specific  diameter  on  the  blade  number. 
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The  influence. (actor  e  in  equation  (IV,  62)  can  be  approximated  by  the 
relation  (see  figure  (IV.  14) 


|  +  * 

Introducing  equation  (IV,  63)  into  equation  (IV,  62)  yields 
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revealing  that  the  product  Gt  becomes  the  governing  criterion  for  the- 

correction  factor  for  the  trailing  eage  thickness  as  graphically  shown  in  figure 
(IV,  27),  Equation  (IV,  64)  indicates  that  a  comparatively  large  trailing  edge 
thickness  can  be  tolerated  at  small  specific  diameters,  i.e.  in  typical  full 
admission  turbines  but  that  the  sensitivity  to  trailing  edge  thickness  is  consider¬ 
ably  increased  at  large  specific  diameter,  i.e,  partial  admission  turbines, 
again  demonstrating  that  design  trends  found  acceptable  in  full  admission 
turbines  will  be  found  detrimental  in  partial  admission  turbine  designs. 

It  stands  to  reason  that  the  simplified  relations,  offered  for  the  different 
correction  factors  can  only  indicate  the  main  trends  and  are  quoted  mainly  in 
order  to  indicate  the  most  influential  design  parameters  for  the  different 
corrections,  A  more  accurate  appraisal  of  the  influence  of  the  different 
parameters  can  only  be  obtained  by  calculating  complete  Ns"  Ds  diagrams  for 
the  different  parameters  such  as  different  blade  numbers,  Reynolds  numbers, 
tip  clearance  ration,  and  trailing  edge  thicknesses.  This  was  carried  through 
in  this  report  only  for  the  influence  of  the  blade  number  (figures  (IV,  19),  (IV,  23), 
and  (IV,  24)),  Comparing  these  diagrams  it  becomes  evident  that  the  optimum 
specific  diameter  changes  considerably  with  blade  number  at  small  specific 
speeds  which  also  causes  the  optimum  ^/D  ratio  to  change.  Similar  changes 
will  also  result  for  tip  clearance  ratios  and  trailing  edge  thicknesses  which 
are  different  from  the  base  values  quoted  in  figures  (IV,  J 9),  (IV,  23),  and  (IV,  24), 
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Since  all  these  factor*  depend  on  the  main  criterion,  namely  D%/  ,  it  appear* 
possible  to  use  figures  (IV,  23)  and(lV,  24)  not  only  for  showing  the  performance 
at  smaller  blade  numbers,  but  also  for  presenting  more  accurately  (although  still 
approximately)  the  performance  at  larger  leakage  and  trailing  edge  thickness  but 
larger  blade  numbers.  This  consideiation,  in  conjunction  with  equation  (IV,  SO). 
(IV,  59),  and  (IV,  64)  suggests  that  the  approximate  validity  of  figures  (IV,  23)  and 
(IV,  24)  can  be  extended  to  the  combinations  of  values  as  presented  in  table  A, 
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1.7  x  10 

3,  Performance  of  Re-entry-Type  Axial  Turbines 

It  is  apparent,  that  by  considering  multi-stage  arrangements,  the  rotative 
speed  can  be  decreased  for  the  same  horsepower  output  without  impairing  seriously 
the  overall  turbine  efficiency.  Hence,  multi-stage  turbines  tend  to  i,uve  higher 
efficiencies  at  lower  specific  speeds  than  single  stage  turbines.  .  By  designing  multi¬ 
stage  turbines  in  the  conventional  fashion,  greater  turbine  weights  and  increased 
rotor  complexities  are  the  consequence.  Such  a  design  would  be  unfeasible  for 
serious  consideration  in  small  accessory  power  units  since  the  simplicity  inherent 
in  single  disk  turbines  must  be  retained. 

An  attractive  way  of  combining  the  single -disk  design  with  the  multi-stage 
performance  would  be  the  re-entry-turbine  types,  whereby  the  first  stage  would 
be,  for  example,  a  single  nozzle  (partial  admission)  turbine,  figure  (IV,  28).  After 
absorbing  a  part  of  its  energy  in  the  bucket,  the  jet  will  be  collected  and  returned 
to  the  front  side  of  the  wheel  via  a  return  duct,  and  again  be  admitted  to  the  turbine 
disk,  thus  expending  another  part  of  its  energy  (pressure-staging).  This  process 
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can  be  continued  ao  that  an  extremely  high  number  of  stages  can  be  combined  in 
one  diak. 


It  is  evident  that  additional  losses,  such  as  filling  and  emptying  losses, 
leakage  losses,  etc.,  will  occur  in  this  turbine  type  which  are  detrimental  to 
the  overall  turbine  efficiency.  The  wheel  friction,  however,  will  be  smaller  in 
the  single  disk  turbine  than  in  the  conventional  multi-disk  turbine,  so  that  the 
single  disk  turbine  does  not  only  show  disadvantages,  but  also  some  aerodynamic 
advantages.  A  performance  analysis  of  this  arrangement  is  presented  in  this 
section  for  different  number  of  stages,  assuming  that  the  rotor  is  shrouded  at 
the  rim. 


For  re-entry  arrangements,  the  turbine  efficiency,  exclusive  of  the  bear¬ 
ing  losses  may  be  defined  as:. 
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Turbine  efficiency 

Average  stage  hydraulic  efficiency 

Average  per  cent  tangential  leakage 

Average  per  cent  radial  leakage 

Blade  pumping  loss,  per  cent  of  available  energy 

Disk  windaee  loss,  per  cent  of  available  energy 

Scavenging  loss,  per  cent  of  available  energy 


For  impulse  blading  and  assuming  no  recovery  of  the  exhaust  energy,  the 
average  stage  hydraulic  efficiency  can  be  defined 
(see  equation  (IV,  13)1 
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whereby  for  partial  admission  designs  has  to  be  modified  by  the  factor  Kp 
of  equation  (IV,  14)  so  that  0 
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whenYR-o 


denotes  the  rotor  velocity  ratio  (or  full  admission  designs. 


The  arc  of  admission  In  pressure  staged  turbines  varies  (rom  stage  to 
stage.  An  average  value  forYg  can  be  determined  (or  n  stages  by  letting 
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(or  the  m*n  stage  o(  the  turbine. 


Equation  (IV,  68)  can  be  expressed  as 


(£:)]•  d,» 

With  identical  velocity  diagrams  at  each  stage. 

.  V  -  .PifB, 

CL'w  fl 

thus 
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The  gas  density  ratio  in  equation  (IY,  72)  may  be  approximated  by  (  ),  The 

accuracy  o(  this  approximation,  is  dependent  upov.  the  spec.  beat  mb's  it  ,  as  well 
as  the  stage  efficiencies.  It  is  expected,  however,  that  the  overall  accuracy 
o f  this  analysis  will  not  be  too  adversely  affected  by  this  approximation. 
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Thiu  final  equation  is  a  geometric  series,  simply  evaluated  to  yield 


Applying  this  final  expression  to  Uv.  ?•'!  gives  the  blade  velocity  coefficient  *9 


,  Additional  losses  which  must  be  considered  in  the  single  wheel  pressure 
staged  turbine  are  the  radial  and  tangential  leakages.  If  it  is  considered  that 
the  turbine  wheel  is  shrouded,  then  the  oniy  radial  leakage  is  inward.  The 
tangential  leakage  differs  on  each  side  of  the  wheel  in  that  the  upstream  side  has 
a  nozzle  velocity  component  which  contributes  to  an  increased  leakage  flow. 


a  .  Tangential  Leakage 

For  the  rn1*1  stage,  the  leakage  flow  rate  will  be 
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with  Cf  denoting  an  orifice  coefficient  since 

17,33 

The  ratio  of  this  leakage  flow  to  the  nozzle  flow  is 

Lt^ 5  iiZ 

JCS 4 

MS* 


AMF/TDNo.  H9& 
Job  No,  72JJ 


9  April  1958 
Pape  42 


which  can  be  expressed  at 


-  CtCflmti  V*  Sb.1  vp  ‘) 

when  C^denotea  the  axial  clearance  between  rotor  blading  and  atator  blading. 
Equation  (IV,  85)  can  alao  be  written  in  the  form 


sty* 


which  then  rep.eaenta  the  ratio  of  the  tangential  leakage  to.  the  flow  of  the  stage. 
The  average  leakage  losa  ia 


It  ahould  be  noted  that  the  series  is  summed  to  the  {n-\fn  term  since 
the  laut  stage  will  have  zero  leakage.  Substituting  from  equation (IV,  78) and 
letting  n  *  m- 1 
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b  .  Radial  Leakage 
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The  total  radial  leakage  must  be  considered  lost  since  the  amount  of  ,>V*V 
energy  represented  by  this  flow  does,  not  contribute  in  tie  process  of  generating 
rotative  power.  The  only  leakage  which  must  be  considered  in  a  shrouded  wheel 
is  the  leakage  which  occurs  radially  inward.  The  leakaje  flow  at  the^lth  stage 
can  be  shown  as 
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hen  C*aga:n  denotes  the  axial  clearance  between  rotor  and  stator.  Expressing 
rm  as  an  average  leakage,  then 
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it  follows  that 
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Corresponding  to  the  density  ratio  described  in  JIV,  94),  the  leakage  -.elocity  is  fc.%3,# 
sonic,  consequently  ,-\'V 
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and.  therefore,  the  final  expression  for  the  radial  leakage  read*: 
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EIa=i\  f _  _ V 

K-4-^oC  ^  l*tl) Vj  j 


jxfrt 


In  accordance  with  reference  1,  the  ratio  of  blade  scavenging  losa  to 
available  work  is 


,  •  m  (fel  ur  . 
Lf~'  CU 

This  average  scavenging  loss  then  becomes 

».M(£fur  S 
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which  reduces  to 
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Reference  (2)  gives  the  disk  frictional  windage  loss  as 


L?  - 


(h) 


»v . 

.  J'J.-.ijrrt? 

■V-V-V'-V- 
'  .  *. .  -  .  *  ,1 

./v.\y,o 

*  -L"  O,-  *"  • 

•V-V^V 

JrY-V-V 

jps^yjri 


P&39I 

I  '  \  •  .  '  . 

s»\YY 

is  v  ».  ”  *  * 
k  ■’*»««— «fceatAa~r 

wmssm 

nv&wV: 

^■vY^ 

i« 

jtScfc^S 


iifestsaai 

PM 

■Vv-XyM'- 

\\ ■ 


-Ik. 

/-Y*  YY>  • ! 

. «.  v 

v^v' 

'•:#te 

“*  •>  «L*  *  *  '•z 


.i 


AMF/TDNo.  U96 
Job  No.  7213 


9  April  199b 
Page  49 


and  as  a  percentage  of  the  total  available  power, 

« 


L  ,  <,.-t 

d  wr*. 


Since 


*1 


War 

•where  /tj  is  the  exit  area  of  the  ideal  jet  of  a  single  stage  machine,  thus 


H/& 

13,103 


^  =  1-u“,'3(-0<r)3- 

Reference  (2>  gives  the  blade  pumping  loss  as 


•C  "  "  a  v  '>\u  '  ‘ 

The  symbol  \  represents  the  ratio  of  the  active- to-total  blading,  hence 


,  _tl= 

1tt> 


"ffrtt. 


■which  then  reduces  to 
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Finatly,  the  btade  pumping  loss  expressed  ns  a  ratio  of  the  available  power 
reads 


(l-*) 


WtH>6 


Using  the  above  devised  relations  the  efficiencies  obtainable  with  re* 
entry-type  turbines  for  up  to  16  stages  is  calculated  by  assuming  the  following 
values; 


Stator  angle 
Number  of  blades 
Minimum  aspect  ratio 
Minimum  ratio 


15  degi ees 
100 
.75 
.04 


Axial  clearance  ratio C^D  «  001 


Pressure  ratio  16J1 

The  resutts  are  shown  in  figure  (IV,  29)  by  plotting  the  efficiency  as  a 
functiot.  of  specific  diameter  for  different  specific  speeds  and  different  stage 
numbers.  An  inspection  of  this  diagram  reveals  that  the  efficiency  can  be 
improved  33  per  cent  at  a  specific  speed  of  3  when  the  number  of  stages  is 
increased  from  1  to  4  and  can  be  improved  50  per  cent  at  specific  speeds  of  1 
when  the  stage  number  is  increased  from  1  to  8,  It  is  also  interesting  to 
note  that  t’  *  optimum  specific  diameter  decreases  with  increasing  stage 
numbers  for  constant  specific  speeds,  meaning  that  smaller  rotor  diameters 
result  by  multiple-  staging;  this  compensating  somewhat  for  the  weight  added 
by  the  return  channels. 

By  plotting  the  maximum  obtainable  efficiencies  as  function  of  specific 
speed,  a  diagram  as  shown  in  figure  (IV,  30)  results,  which  also  shows  the 
efficiency  gains,  obtainable  with  multiple  staging.  Figure  (IV,  30)  also  reveals 
that  stage  numbers  exceeding  8  will  show  advantages  only  for  specific  speeds 
smaller  than  1  revealing  that  the  maximum  stage  number  to  be  considered  m 
typical  accessory  power  turbines  should  not  exceed  8, 
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It  must  be  emphasized  that  the  quoted  axial  clearance  is  an  absolute  pre» 
requisite  and  probably  the  most  decisive  parameter  for  obtaining  the  calculated 
efficiencies,  in  contrast  to  the  information  in  figure  (IV,  15)  which  shows  the 
insensitivity  of  single  stage  designs  to  axial  clearance.  It  stands  to  reason 
that  an  increase  in  axial  clearance  in  pressure  staged  re-entry-type  axial 
turbines  must  increase  the  leakage  and  consequently,  "spoil"  the  energy  con* 
siderably  for  the  subsequent  stages  so  that  the  merit  of  multiple  staging  is 
nullified  at  excessive  axial  clearances. 

It  is  also  to  be  noted  that  no  reference  is  made  to  the  location  of  the 
exhaust  ports  of  the  different  stages  and  their  location  due  to  a  lack  of  pertinent 
information  of  its  influence  on  the  performance.  It  it  assumed  that  the  losses 
incurred  by  the  re-entry  channel  (and  exhaust  port  geometry)  are  covered  by 
the  assumption  that  the  absolute  leaving  velocity  of  every  stage  is  lost  entirely. 
This  assumption  is  not  yet  substantiated  by  test  results  thus  demonstrating  the 
preliminary  character  of  the  information  on  re-entry-type  turbines  presented 
in  tais  section^ 

A  test  turbine  has  been  manufactured  which  allows  to  test  different 
versions  of  re-entry  arrangements.  Test  runs  are  scheduled  for  the  month  of 
June,  and  will  be  reported  on  in  the  next  progress  report, 

4,  Conclusions 

The  analysis  presented  in  Section  IV-B2  and  IV-B3  allows  the  formu¬ 
lation  of  some  interesting  conclusions  dealing  with  design  criteria  for  partial 
admission  (low  specific  speed)  and  full  admission  (high  specific  speed)  turbines. 
Critical  design  parameters  fo<*  low  specific  speed  turbines  are  the  aspect  ratio, 
pitch  chord  ratio,  blade  Uc-vibl-Vi-diameter  ratio  of  the  rotor  and  the  degree  of 
admission.  Investigations  snow  that  comparatively  small  aspect  ratios  are 
admissible  in  full  admission  turbines,  i.e,  high  specific  speed  designs,  but 
are  intolerable  at  low  specific  speeds.  Optimization  studies  indicate  that  the 
aspect  ratio  should  incrsaie  with  decreasing  specific,  speed  m  order  to  obtain 
high  efficiency.  Another  parameter  which  has  considerable  influence  on  the 
performance  of  low  specific  speed  turbines  is  the  ratio  of  blade  height  to  rotor 
diameter.  Optimum  values  for  this  parameter  are  primarily  a  function  of  specific 
diameter  and  specific  speed,  decreasing  with  decreasing  specific  speeds  and 
increasing  specific  diameters. 
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These  conclusions  art  in  many  aspects  well  substantiated  by  test  data, 
where  aspect  ratios  of  .35  and  h/d  ratios  of  ,05  ga\e  an  efficiency  of  only  ,25 
per  cent  at  specific  speeds  of  4,  whereas  aspect  ratios  of  .75  and  h/d  values 
of  ,  0375  indicate  an  efficiency  of  50  per  cent  at  the  same  specific  speed.  The 
difference  in  efficiencies  of  the  above  two  designs  is  even  more  pronounced  at 
lower  specific  speeds.  This  means  that  optimisation  of  the  cascade  parameters 
is  extremely  critical  for  low  specific  speed  turbines. 

Another,  but  still  preliminary  conclusion, is  that  multiple  staging  on  a 
single  wheel,  providing  that  small  axial  clearance  between  rotor  and  stator  can 
be  maintained,  appears  to  yield  appreciable  improvements  on  turbine  efficiencies 
for  the  low  specific  speed  regime.  These  improvements  are  noticeable  particularly 
in  the  low  specific  speed  regime  where  a  4*stage  design  increases  the  efficiency 
by  about  20  per  cent  at  specific  speeds  of  7  whereas  8  stages  improves  the 
efficiency  by  about  40  per  cent  at  specific  speeds  of  1.5.  These  Investigations 
also  indicate  that  an  increase  in  the  number  of  stages  above  8  does  not  result 
in  better  turbine  performance. 


C  Terry -Type  Turbines 

Terry  turbines  are  presently  almost  exclusively  used  in  the  low  specific 
speed  range.  They  are  conventionally  built  as  partial  admission  turbines,  pre¬ 
dominately  wi*h  a  single  nozzle  admission,  A  typical  cross  section  is  shown 
in  figure  (IV,  31)  which  indicates  that  the  jet  is  directed  against  the  rim  of  the 
rotor  into  circular  buckets.  In  these  buckets,  the  jet  is  deflected  by  180  degrees 
and  leaves  the  rotor  with  a  flow  angle  as  prescribed  by  the  boundaries  of  the 
bucket.  These  buckets  fulfill  the  same  purpose  as  the  rotor  blades  in  axial 
turbines.  The  difference  is  however,  that  the  jet  is  deflected  by  180  degrees 
instead  of  the  more  usual  120  degrees  in  axial-type  turbines.  Another  differ¬ 
ence  is  that  the  jet  in  th.e  rotor  has  one  open  boundary  since  the  rotor  channel 
provides  only  three  walls  instead  of  the  usual  four  walls  found  in  conventional 
cascades  In  almost  a'l  other  respects  the  working  mechanism  is  about  the 
same  as  in  axial,  partial  admission  turbines.  The  notations,  as  shown  in 
figure  (IV,  31)  indicate  that  the  two  most  important  geometrical  criteria  are 
the  nozzle  angle  and  the  blade  leaving  angle  ^  which  usually  is  equal  to 
the  rotor  inlet  angle  ^  . 
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when  r  denotes  the  mean  radius  of  the  rotor  blades,  figure  (IV,  31} ,  h  the  axial 
width  of  the  nozzle,  whereby  'jtg  Again  is  a  function  of  the  rotor  blade  geometry 
and  blade  angle  which  is  related  to  the  nozzle  angle  by  equation  (IV,  71 
for  design  point  operation  (incidence-free  inlet  of  nozzle  jet  into  rotor  bucket). 

It  is  evident  that  equation  (IV,  110)  is  similar  to  equation  (IV.  27)  which  describes 
the  efficiency  for  axial  turbine  and  that  the  enumeration  of  significant  design 
aspects,  presented  in  section  1V-A  also  is  valid  for  terry-type  turbines, 

l)  Investigation  of  Losses 

The  largest  unknown  for  terry  turbines  is  the  rotor  loss  coefficient^. 
It  is  to  be  expected  that  its  value  depends  on  the  geometrical  channel  configura¬ 
tion  i.e,,  deflection  angle^ radius  of  curvature,  and  blade  spacing.  It  is  not 
obvious  that  loss  coefficients  measured  in  cascades  or  ducts,  and  published  in 
the  literature,  can  be  used  as  reference  since  a  typical  terry  bucket  has  only 
three  walls,  therefore,  allowing  the  jet  to  seek  its  own  boundary  at  the  "open" 
side  of  the  channel  without  being  forced  into  a  gi'en  direction  by  a  regular 
channel,  except  for  the  direction  imposed  on  the  flow  by  the  blade  angle 

In  order  to  investigate  the  ^  value#  some  experimental  data  on 
typical  terry-type  wheels  were  examined.  The  stall  torque  T obtainable  with 
the  different  bucket  designs  was  measured  in  a  test  fixture  as  sketched  in  figure 
(IV.  32),  This  method  can  be  expected  to  yield  reasonable  values  since  the  stall 
torque,  after  assuming  a  reasonable  nozzle  coefficient,  depends  mainly  on  the 
rotor  velocity  coefficient  if  the  nozzle  and  blade  angle  are  known  since 
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Since  weight  flow  \V  and  spouting  \elocity  cj  are  directly  measured,  the  coefficient 
**  'l  computed  after  introducing  Ofj  and  ^  .  It  is  to  be  noted  that  the 
angle  io  imposed  on  the  bucket  flow  by  the  blades  so  that  this  value  is  shown 

from  the  rotor  geometry. 


Since  the  nozzle  angle  could  be  changed  and  since  the  same  nozzle 
was  used  for  all  experiments,  valid  indications  about  the  maximum  obtainable 
velocity  coefficient  n  for  the  different  bucket  designs  could  be  expected.  In 
running  these  experiments,  the  position  of  the  rotor  in  regard  to  the  nozzle  was 
changed  progressively  so  that  the  variation  m  stall  torque  with  relative  blade 
position  was  measured.  Some  typical  results  are  shown  m  figure  (IV,  33)  where 
the  solid  line  resulted  for  a  wheel  with  comparatively  narrow  blade  spacing 
whereas  the  dotted  stall  torques  result  for  rotor  designs  with  comparatively  wide 
blade  spacings.  Table  Q  gives  the  different  geometries  of  the  investigated  rotor 
buckets. 


TABLE  B 
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1.07 

6 
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3.22 

.267 

1.07 
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.1 

.248 
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.17 
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.226 

l.l 

8 

31.25° 

29 

.62 

180° 

.1 

.296 

.  104 

.31 

.3 

4.43 

.  352 

1.048 

_ 

sen 


rV 


7m 


I 


tv*?-: 
kvia 

,w»r 

KV>> 

j^S 

bevi- 

vV  “ 


AMF/TD'Pto.  tl 96 
Job  No.  7213 


9  Apn.  )9s8 
Page  52 


Thin  table  indicates  that  the  blade  angle  f^was  about  31. .2  degrees,  with 
the  exception  of  bucket  number  2,  that  blade  number  z  vaa  varied  from  45  to  25; 
ai>d  that  the  wheel  width  e  was  changed  from  ,  38  inches  to.62  inches  whereas 
the  rotor  diameter  was  held  constant  with  D  =  2,  75  inches.  With  these  bucket 
designs  the  ratio  c/h  was  changed  from  2.72  to  4.43.  Most  of  the  test  data 
were  obtained  at  a  value  of  e*/h  1  3,22. 


Accounting  first  for  the  maximum  stall  torques  (peak  values  m  figure 
(IV,  33)  and  converting  these  data  to  values  by  using  equation  (IV,  112)  a 
diagram  as  shown  in  figure  (IV,  34)  is  obtained  showing  as  a  function  of 

a/t.  Maximum  K  should  be  expected  at  a/t  \ alues  of  1. I,  or  3  since  only  for 
these  cases  the  nozzle  jet  fills  the  buckets  completely.  All  other  values  of  a/t 
mean  that  some  of  the  buckets  are  only  filled  partly  by  the  nozzle  jet,  thus  forcing 
the  jet  to  expand  suddenly  and  creating  mixing  losses.  This  means  that  only  ^ 
values  near  a/t*  1  or  2  or  3  give  valid  indication,  of  maximum  values,  and 

this  only  when  no  incidence  losses  occur  at  this  condition  (  ^  >  )  or  when 

the  incidence  losses  are  small  and  can  be  neglected.  The  points  of  zero 
incidence  are  marked  by  arrows  in  figure  (IV,  34)  ’f  it  is  considered  that 
becomes  larger  than  ^  when  a/t  becomes  sma.ter  than  a/t  for  incidence- 
free  inlet  (due  to  the  variation  of  "a"  with  nozzle  angle  )  it  is  evident  that 
buckets  1,  3.  and  4  (particularly  bucket  l)  sustain  incidence  (separation)  losses 
at  the  suction  side  of  the  blades  at  the  optimum  a/t  value  which  means  that  no 
correct  values  for  are  obtained  for  these  buckets.  All  other  buckets  have 

incidence  (separation)  losses  at  the  pressure  side  of  the  blade  at  optimum  a/t 
values  so  that  the  calculated  values  are  not  greatly  falsified  and  most  likely 

•omewhat  conservative. 


With  this  interpretation  it  results  from  figure  (IV,  34)  th«t  bucket  number 
5  has  the  highest  ^  value  (e/h  -  3,22)  and  that  e/h  $  3,22  yield  smaller 
values.  Hence  it  appears  possible  to  represent  this  tendency  in  a  diagram  as 
shown  in  figure  (IV,  35).  This  tendency  appears  reasonable  for  low  e/h  values 
since  for  e/h  -  2  the  turning  radius  would  be  zero,  thus  causing  extreme  turn¬ 
ing  losses.  For  large  e/h  values  increasing  wall  friction  is  encountered  suggest¬ 
ing  that  at  some  mean  e/h  values  gi.e  sinal  est  losses.  That  the  -otimum  value 
occurs  at  e/h  =■  3.22  i.e.  r/h  =  .621  is  somewhat  surprising  since  information 
published  in  the  turbine  literature  (reference  11 1  on  the  influence  of  r/h  in 
conventional  channels,  figure  (IV,  36),  wou'd  suggest  larger  optimum  values 
for  r/h  and  consequently  e/h.  Although  a  significant  difference  exist  between 
a  conventional  cascade  ar.d  a  terry  bucket,  namely,  the  "open"  boundar>  at 
the  radius  r  in  terry  buckets,  which  may  justify  a  change  m  optimum  r/n 
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ratio#,  it  ha#  to  be  noted  that  the  optimum  e/h  ratio  shown  in  figure  (IV,  35)  i» 
based  on  an  exceedingly  small  number  oi  test  points  and,  therefore,  not 
sufficiently  substantiated.  For  lack  of  additional  pertinent  information,  however, 
the  optimum  value  shown  in  figure  (IV,  35)  is  used  in  this  report. 


It  is  also  interesting  to  plot  ^  as  a  function  of  /%**  for  constant  e/h 
ratios  as  shown  in  figure  (IV,  37),  whereby  xm  is  the  bucket  depth  at  the  mean 
stream  line.  It  is  evident  that  the  mean  turning  angle  y  is  smaller  than 
180  degrees  when  *  a0  *****  a  raP‘**  decrease  of  Y*  for  &/xm  >  * 

should  be  expected  (since  the  definition  of  y'.  assumes','  -  180  degrees  so  that 
180  degrees  yields  smaller  wu.3  values  i.e.  smaller  stall  torques  and  consequently^^'v^.^A", 
smaller  Wc  values).  This  tendency  is  reflected  in  figure  (IV,  37),  however,  the  r  e  g  irL“Xr&f,i,~«-"  V 
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of  R/„  <  l  is  uncertain  since  the  only  point  in  this  regime  is  bucket  number  1. 

m 

It  would,  however,  not  be  unreasonable  to  assume  a  decrease  of  Ye 
for  R/xg,  ^  *  since  the  leaving  component  will  tend  to  interfere  with  the  incoming 
jet  in  this  case  as  sketched  in  figure  (IV,  38), 

It  is  also  interesting  to  note  that  a  deflection  of  y=  120  degrees  gives 
no  advantage  as  evidenced  by  the  low  value  of  bucket  number  6.  This 

however,  does  not  exclude  the  possibility  that  a  >  120  ■<.  180  might  give 
optimum  v*lue>« 

The  above  considerations  dealt  only  with  the  peak  stall  torques  obtained 
on  the  described  experiments.  An  interesting  feature  is  revealed  when  the 
average  stall  torque  is  considered  which  is  obtained  by  integrating  the  curves 
in  figure  (IV,  33).  These  mean  values  are  listed  in  table  C  for  the  different 
bucket  designs  together  with  the  corresponding  velocity  coefficients  and  t/2a 
values. 
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Bucket  No. 

& 

1 

! 

<r 

ft-Ovr 

1 

3b.  5 

,74 

t.6r 

.448 

.512 

.875 

2 

36,5 

.227 

,97 

.  107 

.  u. 

.97 

3 

36.5 

.74) 

1.72 

.435 

.525 

r+> 

00 

• 

4 

39 

,285 

.84 

.082 

.115 

.71 

5 

36, 5 

.63 

1.27 

.295 

.38 

.78 

6 

36,5 

.525 

1.26 

.262  . 

.316 

.83 

7 

36.5 

.432 

1.33 

.255 

.27 

.945 

a 

36.5 

.288 

1.11 

.13 

.  158 

.82 

Multiplying  t|>^. 


nv»« 


with  (  1“  Via)  j  value*  as  listed  in 


column  3  of  table  C  are  obtained  which  are  in  fair  agreement  with  lEj 
values  discussed  before.  This  leads  to  the  assumption  that  the  difference 
between  maximum  and  average  (integrated)  velocity  coefficient  is  fairly  well 
expressed  by  the  relation  •*  'j'en*//1'  Vt^jused  in  the  derivation  of 

equation  (IV,  110),  Since  the  rCJ .  ,  values  represent  the  average  velocity 
coefficient  which  a  partial  admission  wheel  would  experience  under  running 
conditions,  the  above  finding  can  be  interpreted  as  preliminary  proof  that  the 
typical  partial  admission  losses  caused  by  fifing  and.  emptying  losses  are 
correctly  presented  by  equation  (IV,  14)  also  for  terry  turbines.  This 
conclusion  must  be  considered  preliminary  since  insufficient  lest  data  is  avail¬ 
able. 


The  result  of  the  above  analysis  can  be  summarized  by  the  conclusion 
that  maximum  turbine  efficiencies  result  when  e/h  ;  3.25  and  R/Xjt)  '  I-  It  is 
to  be  noted  that  no  particularly  detrimental  effect  was  found  for  the  rim  block¬ 
age  ratio  T/f  within  the  investigated  range  of  T/t  s  ,07  to  .3. 

This  finding  is  preliminary  and  somewhat  sketchy  since  the  variation 
in  the  investigated  bucket  geometries  was  insufficient  to  determine  the 
influence  of  the  t/^  ratio  (corresponding  to  the  pitch-chord  ratio  m  axial  tur¬ 
bines)  on  the  rotor  velocity  coefficient.  It  is,  however,  assumed  that  this 
influence  is  of  minor  consequences.  As  shown  m  more  detail  m  section  C-I2, 
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definite  limits  are  imposed  on  this  ratio  by  manufacturing  considerations.  These 
limitations  appear  to  restrict  the  range  of  feasible  t/^  ratios  to  values  which 
would  be  expected  to  be  close  to  optimum. 

IV-  C2  Performance  of  Single  Stage  Turbines 

Having  found  by  the  investigations  described  in  section  IV-Cl  that  bucket 
velocity  coefficients  ot  Y-'*'  >60  to  .90  can  be  obtained  for  the  optimum  geometry, 
it  is  now  possible  to  introduce  theue  value*  into  equation  (IV,  110)  and  to  calculate 
the  maximum  obtainable  efficiencies  as  a  function  of  specific  speed  and  specific 
diameter,  when  it  is  observed  that  certain  definite  relationships  exist  between  the 
x/D  value,  the  blade  number,  and  the  nozzle  angle.  This  interrelationship  is 
predicated  on  the  necessity  to  avoid  the  undercutting  of  the  buckets  i.e.,  by 
observing  that  the  distance  b  in  figure  (IV,  31)  has  to  be  smaller  than  the  bucket 
depths  x.  With  some  simplifying  assumptions  the  maximum  allowable  x/q 
ratio  can  be  determined  and  be  presented  bv  the-  relation 

t  *0Mx*)a^***')  _ 


A  bv-*  (i 


12,114 


Equations  (IV,  113),  (IV,  114),  (IV,  115)  indicate  that  the  ratio  x/d  is  a  function 
of  blade  number  z,  the  blade  angle  (3,  and  the  ratio  of  slot  heights  H  to  wheel 
diameter  D.  This  relation  is  graphically  presented  in  figure  (IV,  39)  by  showing 
the  maximum  x/q  value  as  a  function  of  blade  number  for  different  blade  angles 
and  certain  assumed  (os  suggested  by  manufacturing  considerations)  values  of 
H/d.  The  right  hand  scale  on  this  diagram  also  indicates  the  maximum  h/o 
values  since  for  the  optimum  geometry 
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Additional  Hues  in  this  diagram  represent  tines  of  constant  blockage  ratio  T^ 
since  this  value  is  directly  connected  with  the  other  values,  namely 


Vl 


The  experimental  data  cover  only  bucket  designs  up  to  blockage  ratio 
of  T /  -  ,  3,  It  becomes  evident,  therefore,  that  only  the  shaded  part  of  the 
diagram  is  directly  applicable  for  further  calculations. 


Equation  (IV,  1 10)  indicates  that  for  most  cases  maximum  efficiencies 
will  occur  wnerc  the  ratio  of  h/DZ  becomes  a  minimum.  This  means, 'according 
to  figure  (IV,  39)  that  in  alt  cas.es  the  maximum  possible  blade  number  should 
be  applied.  Observing  now,  additionally,  the  interrelationship  between  the  blade 
angle  £  ,  nozzle  angleo(and  specific  speed  and  specific  diameter  as  indicated 
in  equation  (IV,  7)  ,  and  observing  also  that  the  ratio  r/D  is  directly  connected 
with  the  ratio  h/jj,  since 


-t 

0 


=  A.iAjf 


Ju 


D 


37,118 


it  is  now  .possible  to  compute  the  NgDs  diagram  for  terry-type  turbines  after 
assuming  suitable  suitable  angles  t<  and  suitable  ratios  of  h/D.  whereby  the 
minimum  h  value  is  determined  by  the  smallest  feasible  cutter  width.  A  typical 
diagram  is  shown  in  figure  (t  V,  40)  which  indicates  similar  tendencies  as  reported 
for  axial  turbines  with  efficiencies,  hewever,  somewhat  lower  than  the  correspoid- 
ing  axial  turbine  design.  This  is  particularly  evident  at  low  specific  speeds  and 
large  specific  diameters,  whereas  at  small  specific  diameters  only  minor 
differences  in  efficiency  for  terry  and  axial  turbines  exist.  This  deficiency 
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is  caused  by  the  comparatively  low  blade  number  resulting  from  figure  (IV,  39) 
for  typical  terry-type  buckets,  if  a  maximum  blockage  of  ,  3  is  not  to  be  exceeded. 
Since  larger  blade  numbers  wilt  increase  the  maximum  efficiency  obtainable 
at  low  specific  speeds  it  is  worthwhile  to  consider  modifications  of  the  terry 
bucket  to  a  form  which  allows  larger  blade  numbers* 

It  is  evident  from  figure  (IV,  39)  that  larger  blade  numbers  can  be  applied 
if  larger  blockage  ratios  are  tolerated.  Since  an  adverse  effect  of  blockage  on 
rotor  velocity  coefficient  must  be  expected,  it  appears  advantageous  to  consider 
a  terry  bucket  geometry  which  is  obtained  by  two  cuts  rather  than  a  single  cut 
as  assumed  lor  the  relations  shown  n.  figure  (IV,  39).  This  way  the  manufactur¬ 
ing  cost  of  the  terry  wheel,  an  important  criterion  for  accessory  power  units,  is 
increased  somewhat,  but  still  less  than  the  manufacturing  cost  of  a  corresponding 
axial  wheel.  With  this  method  a  terry  bucket  as  shown  in  figure  (IV,  41)  results 
which  eliminates  the  blockage  entirely  and  shows  a  blade  of  almost  constant 
thickness.  This  shape  suggests  that  such  a  wheel  could  be  fabricated  by  a 
different  technique,  namely,  by  inserting  sheet  metal  blades  into  slots.  This 
type  of  bucket  changes  the  bucket  geometry  from  a  parallel  walled  shape  to  a 
converging  shape.  This,  however,  does  not  necessarily  mean  that  the  jet  w  ill' 
be  accelerated  first  and  then  decelerated  since  due  to  the  one  open  boundary  the 
jet  can  still  pass  through  the  bucket  at  constant  velocity  by  merely  changing  its 
geometrical  shape.  This  means  that  equation  (IV,  118)  is  invalidated  oince  now 
the  turning  radius  of  the  jet  within  the  bucket  moves  closer  to  the  rim.  Account¬ 
ing  for  this  m  an  approximated  form  by  modifying  equation  (IV,  118),,  the  blade 
number  for  most  designs  can  be  increased  by  about  30  to  40  per  cent  without 
encountering  ‘muting  cutter  dimensions.  This  limit  could  probably  be  extended 
even  further  if  sheet  metal  blades,  as  described  above,  are  applied.  With  these 
assumptions,  a  new  N#  Ds  diagram  for  terry-type  turbines  has  been  calculated, 
figure  (IV,  42),  which  shows  substantial  improvement  in  maximum  obtainable 
turbine  efficiencies  at  low  specific  speeds  and  large  specific  diameters,  i.e. 
typical  partial  admission  designs  approaching  the  performance  of  axial  turbines 
quoted  in  figure  (IV,  23)  i.e,,  axial  turbines  with  a  comparatively  small 
number  of  blades.  It  is  to  be  noted  that,  strictly  speaking,  a  slight  change  in 
bucket  velocity  coefficient  has  to  be  expected  with  the  different  bucket  geometry. 

It  appears,  however,  that  this  change  is  of  minor  influence  since  the  data  presente 
in  figure  (fV,42)  have  already  partly  been  substantiated  by  test  data,  namely,  in 
the  specific  speed  regime  from  25  to  7  at  specific  diameters  between  6  and  13. 
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Terry-type  turbine*  are,  m  general,  costly  from  a  manufacturing 
point  of  view  than  axial  turbine*,  particularly  if  a  single  nozzle  can  be  applied. 

It  i*.  therefore,  of  interest  to  indicate  tn  the  NSDB  diagram  the  range  which 
can  be  covered  with  such  simplified  design*.  Figure  (IV, 43)  make*  it  evident 
that  only  for  comparatively  small  value*  of  f/D  the  nozzle  jet  will  enter  the 
buckets  without  striking  over  the  wheel  rim.  From  thi*  diagram  a  relationship 
between  the  maximum  allowable  f/D  value  and  nozzle  angle  can  be  computed  which 
is  equivalent  to  the  maximum  h/D  value  for  round  nozzles.  This  interrelationship 
read* 


£ 

o 


*  O* 


-] 


and  is  graphically  presented  in  figure  (1Y,44)  indicating  that  the  nozzle  angle 
has  to  increase  with  increasing  f/D  values.  If  it  :s  furthermore  assumed  that 
the  jet  diverges  after  leaving  the  nozzle  with  a  divergence  angle  of  6  degree*, 
the  safe  nozzle  angle  is  smaller  ftom  the  angle  quoted  in  figure  (IV,  44) 
by  6  degrees  as  indicated  by  the  lower  scale  tn  figure  (IV,  44)  .  This  information 
can  now  be  plotted  by  a  limiting  line  in  the  NSDS  diagram  as  shown  by  the  dotted 
lines  in  figure  (IV,  40)  and  (IV,  42)  meaning  that  only  values  on  this  line  can  be 
covered  by  a  single  nozzle,  terry-type  turbine.  The  relation  for  this  line  reads 


>  *  21 r 

JL  ?  ■■■■- .  . . . 

YJ(^)  *"^2#  .12^/20 

indicating  that  single  nozzle,  terry-type  turbines  are  characterized  by  a  constant 
specific  diameter,  whereby  its  numerical  value  depends  almost  exclusively  on 
the  nozzle  angle,  decreasing  with  increasing  nozzle  angles  (in  contrast  to  single 
nozzle  axial  turbines  which  occur  at  constant  N9D9  values,  depending  on  nozzle 
angle  due  to  the  change  in  optimum  h/D  ratio  with  Ds).  A  numerical  evaluation 
of  equation  (IV,  120)  reveals  that  for  nozzle  angles  of  •*.  20  degrees,  Ds  =  It,  3  and 

for  =  25 degrees,  D$  =  8.4.  Since  for  this  range  of  nozzle  angles  the  maxi¬ 
mum  obtainable  efficiencies  vary  only  very  little  with  Ns  and  Ds  (since  larger 
nozzle  angles  cause  larger  blade  angles  thus  allowing  larger  blade  numbers 
which  compensate  for  the  detrimental  effect  of  increasing  nozzle  angles)  so  that 
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typical  single  nozzle  terry  turbines  cover  a  specific  speed  range  from  N*  s  .6 
to  8  fairly  effectively  restricting,  however,  the  maximum  efficiency  to  or  about 
40  per  cent  as  indicated  in  figure  (IV,  42).  Higher  maximum  efficiencies  are 
obtainable  with  multiple  or  oval  nozzle  shapes. 

No  data  have  been  found  regarding  the  influence  of  Reynolds  number  and 
tip  clearance  on  the  terry  turbine  efficiency.  It  can  be  assumed,  however,  that 
the  influence  of  Reynolds  number  on  terry  turbine  efficiency  is  similar  as  in 
axial  turbines  so  that  equation  (IV,  56)  becomes  applicable  also  for  terry-type 
turbines.  The  influence  of  trailing  edge  thickness  of  the  nozzle  should  be  similar 
in  terry-type  turbines  as  in  axial  turbines  so  that  a  relation  similar  to  the  one 
quoted  in  equation  (IV,  64)  should  be  applicable. 

It  is  to  be  noted  that  the  bucket  velocity  coefficients  shown  on  figure 
(IV,  34),  (IV,  35),  and  (IV,  37)  are  obtained  in  a  completely  open  wheel  (see 
figure  (IV,  32),  In  spite  of  this  open  arrangement  comparatively  large  velocity 
coefficients  are  obtained,  implying  that  the  rim  c  learance,  found  somewhat 
critical  in  axial  turbines,  has  little,  if  any,  influence  on  terry-type  turbines. 

This  result  appears  reasonable  since.even  with  large  gaps  between  rotor  and 
stator  housing,  all  of  the  jet  will  pass  through  the  terry  bucket  as  long  as  the 
proper  nozzle  angle  is  selected.  Hence,  it  is  assumed  unnecessary  to  make 
corrections  to  the  shown  efficiencies  if  the  gap  between  rotor  and  stator  shroud 
is  comparitively  large. 

The  distance  between  nozzle  and  rotor  is  of  similar  influence  in  terry 
turbines  as  found  previously  in  axial  turbines.  Figure  (IV,  45)  shows  the  change 
in  stall  torque  with  distance  as  measured  in  the  test  fixture  described  in 
figure  (IV,  32), 

Due  to  similarity  in  flow  mechanism,  as  well  as  performance,  it  is  to 
be  expected  that  multiple  staging  as  discussed  in  section  (IV -133)  for  axial  turbines 
will  have  similar  beneficial  effects  on  the  performance  at  low  specific  speeds 
as  discussed  in  section  (IV?B  3)  for  axial  turbines.  If  the  multi-stage  arrange¬ 
ment  is  obtained  by  pressure  staging,  the  clearance  between  rotor  and  station¬ 
ary  shroud  will,  however,  have  a  similar  importance  as  in  axial  turbines  in 
contrast  to  single  stage  operation.  It  stands  to  reason  that  multiple  staging 
is  somewhat  easier  from  a  manufacturing  point  of  view  in  terry  turbines  than 
in  axial  turbines  since  the  return  staging  could  easily  be  incorporated  into  the 
stationary  shroud  without  undue  complications.  It  might  even  be  expected  that 
the*  beneficial  effect  of  multiple  staging  is  somewhat  better  m  terry  turbines 
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than  in  axial  turbines,  since  the  return  channel  has  to  deflect  »hc  jet  only  by 
180  degrees  compared  to  360  degrees  in  axial  turbines. 

No  calculations  have  been  carried  through  for  the  performance  ef  rrulti- 
staged,  terry-type  turbines.  They  are  scheduled  for  a  later  date  during  tne 
study  phase  after  more  information  on  the  importance  of  the  exhaust  port 
arrangement  is  obtained. 

C  -3-  Conclusions 

Due  to  the  comparatively  small  amount  of  test  information  available 
on  terry-type  buckets,  only  a  few  conclusions  can  be  drawn  from  the  investigations 
presented  in  section  Cl  and  C2,  The  most  significant  findings  are  that  the  number 
of  blades  on  the  rotor  is  of  derisive  importance  to  the  performance  of  terry 
turbines  at  low  specific  speeds,  meaning  that  thelargest  possible  number  of 
blades  must  be  selected  in  order  to  obtain  efficient  performance.  In  this  respect 
terry  turbines  are  very  similar  to  axial  turbines.  The  mam  aerodynamic  differ¬ 
ence  in  the  behavior  of  terry  turbines  as  compared  with  axial  turbines  is  that 
the  clearance  between  rotor  and  stator  is  of  negligible  importance  for  single 
stage  designs.  In  most  other  respects  terry  turbines  show  similar  performance 
to  axial  turbines  except  for  extremely  low  specific  speeds.  This  deficiency  is 
caused  by  the  limiting  number  of  blades  which  can  be  put  into  the  rotor  due  to 
geometrical  limitations. 

1V-D  -  Summary 

The  design  point  performance  of  axial  and  terry  turbines  has  been 
presented  as  the  function  of  the  simi'arity  parameters  specific  speed  and  specific 
diameter.  These  data  are  based  on  thorough  analytical  investigations  on  the 
component  losses.  These  studies  yielded  an  optimization  procedure  which 
indicated  that  the  blade  geometry  in  axial  as  well  as  terry  turbines  is  of  particu¬ 
lar  importance  and  that  significant  differences  in  the  optimum  blade  geometry 
exists  for  partial  admission  turbines  and  full  admission  turbines. 
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The  main  difference  for  axial  turbines  is  that  partial  admission  (low 
specific  speed,  high  specific  diameter)  tura.nes  must  show  a  comparatively  short 
blade  height  for  efficie.nt  operation  whereby  the  ratio  of  blade  height  to  rotor 
diameter  must  decrease  with  decreasing  degrees  of  admission,  i.e.,  decreasing 
specific  speeds.  In  contrast,  full  admission  (high  specific  speed,  low  specific 
diameter)  turbines  must  show  a  comparatively  long  blade  height  for  efficient 
operation.  For  both  designs  the  number  of  blades  is  of  particular  importance, 
meaning  that  the  maximum  blade  number  should  be  selected  for  the  rotor.  This 
criterion  is  of  some  importance  in  full  admission  turbines,  but  of  particular 
importance  in  partial  admission  turbines,  indicating  that  a  smaller  than  optimum 
blade  number  has  a  considerable  effect  on  partial  admission  turbines,  i.e. ,  low 
specific  speed  turbines,  but  a  comparatively  small  effect  on  the  maximum  obtainable 
efficiency  in  full  admission  tur‘;ines.  This  influence  can  conveniently  be  expressed 
by  the  ratio  specific  diameter  over  blade  number  Ds/4  meaning  that  the  efficiency 
decreases  almost  proportionally  with  increasing  values.  This  ratio  also 
influences  the  effect  of  tip  clearance  on  maximum  obtain  ^ie  efficiency  in  a  similar 
fashion  revealing  that  partial  admission  turbines  are  considerably  more  sensitive  to 
increased  tip  clearances  than  full  admission  turbines.  The  same  holds  for  the 
influence  of  the  trailing  edge  thickness  on  maximum  obtainable  efficiencies. 

Multiple  staging  on  a  single  axial  wheel  has  also  been  investigated  for 
axial-type  turbines,  indicating  that  considerable  gains  in  efficiencies  can  be 
obtained  at  low  specific  speeds  by  multiple  staging.  In  these  cases,  however,  the 
axial  clearance  between  rotor  and  stator  is  of  particular  importance,  indicating 
that  clearance  ratios  of  .001  must  be  maintained  in  order  to  obtain  increased 
efficiencies  at  low  specific  speeds, 

Terry-type  turb'nes  show  a  performance  similar  to  axial-type  turbines 
with  the  exception  of  the  efficiencies  obtainable  at  extremely  low  specific  speeds 
where  the  axial  turbine  shows  superiority  due  to  the  higher  number  of  blades  which 
can  be  accommodated  in  an  axial  wheel  as  compared  to  a  terry  wheel.  In  contrast 
to  axial  turbines,  however,  the  tip  clearance  sensitivity  in  terry  turbines  is  almost 
non-existent,  thus  accentuating  the  lower  manufacturing  cost  of  terry-type  turbines. 
Since  this  turbine-type  is  particularly  attractive,  from  a  manufacturing  point  of 
view,  with  single  (round)  nozzle  designs,  the  performance  range  of  these  arrange¬ 
ments  was  investigated  and  indicated  in  the  corresponding  Ns  Ds  diagram. 
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AH  notab’egecmcti  :ca. features  considered  important  for  the  design  of  the 
different  turbine  types  are  quoted  in  the  performance  diagrams  thus  providing 
sufficient  information  for  detailed  turbine  designs.  This  information  is  most 
complete  for  axial,  single  stage  turbines,  but  lacking  somewhat  for  terry  turbines 
due  to  insufficient  data  on  component  performance. 
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aspect  ratio 


arc  of  admission 


cutter  diameter 


flow  area 


blade  depth  of  terry  turbine 


absolute  velocity 


spouting  velocity 


chord  length 


axial  clearance 


disc  diameter 


rotor  diameter 


specific  diameter 


terry  wheel  width 


scavenging  coefficient,  terry  nozzle 
diameter 


gravitational  constant 


blade  height,  nozzle  height 


constants 


horsepower  loss 


Percentage  horse  power  loss 


rotative  speed 
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VI.  ANALYSIS  OF  DRAG  TURBINES 
A.  .  Drag  Turbine  Considerations  Based  on  Drag  Theory 

Figure  (VI,  l)shows  the  schematic  of  a  drag  turbine  indicating  that 
pressurized  gas  enters  at  the  inlet  port,  statior  1,  is  ducted  around  the  periphery 
of  the  wheel  and  is  discharged  at  the  exit  port,  station  2;  inlet  and  exit  ports  being 
separated  by  a  block  seal  (3).  The  flow  pattern  in  the  channel  is  somewhat  com¬ 
plicated,  consisting  of  a  peripheral  component  "c"  produced  by  the  turbine  pressure 
ratio,  and  a  radial  (circulatory)  component  cr  produced  by  the  radial  pressure 
difference.  In  general  it  is  assumed  that  these  two  components  produce  a  cork- 
screw-type  flow  pattern' in  the  peripheral  flow  channel. 

The  drag  theory  offered  for  analyzing  andcalculating  the  performance 
characteristic  of  drag  turbines  (reference  16)  assumes  a  simplified  flow  pattern, 
by  neglecting  the  circulatory  flow  components  in  the  drag  channel,  and  by  deal¬ 
ing  only  with  the  peripheral  components.  This  theory  assumes  that  the  input 
head  and  the  head  transferred  into  shaft  power  depend  mainly  on  the  shear  stresses'^ 
between  the  channel  flow  and  the  stator  and  between  the  channel  flow  and  the  rotor 
.  Thus,  the  input  head  is  defined  by 


when 


r*  -- 


denotes  the  shear  stresses.  As  indicated  in  equation  (VI,  2),a  quadratic  relation¬ 
ship  between  shear  stress  and  velocity  v  is  assumed,  whereby  the  shear  velocity 
for  the  shear  stress  between  flow  and  rotor  is  assumed  proportional  to  the  differ¬ 
ence  in  channel  flow  velocity  c  and  rotor  velocity  u,  i,e. 
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With  the  above  definition,  the  head  transformed  into  shaft  power  H0ut 
can  be  expressed  by 


JDLf 


so  that  the  hydraulic  efficiency  follows  the  equation 


T.T 


l) 


i.e.  is  dependent  only  or.  the  characteristic  velocity  ratio  X"  and  the  ratio  of 
drag  coefficients  <T  and  is  independent  of  the  geometry  term  V*  ,  With 
the  above  definitions,  an  inter-relationship  between  the  velocity  ratio  and  the 
turbine  speed  ratio,  defined  as  the  ratio  of  tip  speed  to  gas  spouting  velocity 
cj .  can  be  established  which  reads 


X  « 


ITa 

i 


indicating  that  these  two  terms  are  inter- related  by  the  geometry  term  V 
and  the  ratio  of  drag  coefficients  <}  »  With.cquations  (VI,  10)  and  (VI,  11), 
the  basic  characteristic  of  drag  turbines  can  be  plotted  in  terms  of  turbine  para¬ 
meters  by  presenting  the  hydraulic  efficiency  as  a  function  of  the  turbine  speed 
ratio  as  shown  in  figure  (VI,  2),  This  figure  makes  it  evident  that  the  value  of 
the  peak  efficiency  depends  only  on  the  ratio  of  drag  coefficients  .  whereas 
the  location  of  this  value  in  respect  to  the  turbine  speed  ratio  —  depends  on  the 
geometry  term  Y~.  This  feature  is  expressed  by  plotting  the  hydraulic  effici¬ 
ency  as  a  function  of  speed  ratio  times  the  square  root  of  the  geometry 
term  ^ 


AMF/TDNo.  U9i 
Job  No.  721 J 


9  April  1938 
Page  69 


The  wheel  disc  friction  can  be  accounted  for  by  considering  that  the 
gas  between  the  unadmitted  part  of  the  rotating  disc  and  stator  housing  rotates, 
on  the  average,  with  half  the  wheel  speed,  thus  consuming  a  parasitic  torque 
of 


jzi>il 


Hence,  the  shaft  efficiency  con  be  computed  from  the  hydraulic  efficiency  by 
a  correction  factor  of  the  form 


—  i  — 

V' 


whereby  the  term  g  represents  geometrical  interrelations 


'ST,'* 


21  H 


with  Xul  denoting  the  drag  coefficient  for  wheel  disc  friction  and  aw  denoting 
the  wheel  disc  friction  area. 

Another  important  parameter  which  influences  the  performance  of 
drag  turbines  is  the  leakage  through  the  block  seal,  as  well  as  interstage  leak* 
age  caused  by  the  static  pressure  decreasing  gradually  over  the  periphery 
thus  creating  cross  flow  leakage  at  opposed  points  of  the  channel.  A  detailed 
analytical  treatment  of  the  effect  of  leakage  on  turbine  efficiency  is  given  in 
reference  It  revealing  that  the  ratio  of  leakage  flow  to  turbine  flow  kJ  'uj  is 
mair.ly  proportional  to  the  I.  5*^  power  oi  the  ratio  of  clearance  width  h  to 
stator  channel  depths  H,  In  an  approximated  form  the  leakage  ratio  can  be 
expressed  by  the  relation 
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For  ’.he  weight  flow  parsing  through  the  drag  turbine  it  holds 


\aJ  «  A**  'j^C*** 

which  can  be  modified  to  the  form 


W ' 


A 


C-V*> 

~n'ci L 


K 


mji 


i.e,,  a  form  similar  to  the  weight  flow  term  commonly  used  for  axial  and 
radial  turbines  where  the  factor  K  again  is  a  function  of  the  total  turbine 
pressure  ratio,  increasing  with  increasing  pressure  ratios,  but  with  nunieri* 
cal  values  which  are  about  50  per  cent  higher  than  the  corresponding  factor 
for  axial  turbines  (see  reference  16),  It  is  also  ewdent  from  equation  (  VI,  18) 
that  the  weight  flow  parameter,  in  contrast  to  axial  and  radial  single  stage 
turbines  depends  on  the  ratio  of  through  flow  selocity  cm  to  spouting  velocity 
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Ci  whereby  this  ratio  is  a  function  of  the  geometry  term  if*  .  the  ratio  of 
drag  coefficients  and  the  velocity  ratio  ^  since 


frit  % 


'  I 


■3ZT.tr 


which  also  can  be  quoted  in  terms  of  turbine  speed  ratio  u/cj 


C-M 

Ci. 


TtjO 


indicating  that  this  parameter  increases  with  increasing  turbine  velocity  ratios. 

The  above  quoted  relations  define  the  mam  aspects  of  drag  turbines 
and  demonstrate  that  tho  drag  turbine  performance  can  be  presented  m  terms 
similar  to  the  terms  used  in  Section  IV  of  this  report,  thus  indicating  that 
the  same  similarity  parameters  can  be  used  for  drag  turbines,  terry  turbines.  , 
and  axial  turbines  and  that  these  terms  have  the  same  significance  for  the 
turbine-types  investigated. 

It  is  also  to  be  noted  that  the  above  quoted  relationships  are  val’d 
only  as  long  as  the  velocity  ratio  x  is  constant  over  the  channel  periphery, 
i.e,,  either  for  incompressible  medii  in  a  constant  area  channel  or  for  com¬ 
pressible  medii  with  a  properly  diverging  channel. 

In  cases  where  a  constant  area  channel  is  used  for  compressible 
medii  the  velocity  ratio  x  changes  with  periphery,  meaning  that  the  efficiency 
changes  over  the  periphery  (see  equation  (VI,  I0i)so  that  the  overall  efficiency 
can  be  found  by  integrating  equation  (V  1,  7}  and  (Vi,  9),  Evaluating  this  relation, 
a  representative  diagram  can  be  plotted  m  a  form  as  shown  ir.  figure  (VI,  3), 
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by  showing  the  hydraulic  efficiency  as  a  function  of  turbine  velocity  ratio  and 
geometry  term  V  ,  for  different  density  ratios,  i.e,,  pressure  ratios.  This 
diagram  indicates  that  for  a  given  turbine  design  (constant  value)  the  hydrau¬ 
lic  efficiency  decreases  with  increasing  pressure  ratios  and  that  the  peak 
efficiency  moves  to  smaller  turbine  velocity  ratios  u/cj.  Selecting  now,  for 
example,  a  rotor  drag  coefficient  of  Aj r  -  .8,  a  drag  ratio  of  &  =  .08  andx)?- 
value  of  20,  and  assuming  that  these  values  are  constant  and  independent  of 
velocity  and  pressure  ratio,  the  turbine  characteristic  can  be  represented  by 
showing  the  hydraulic  efficiency  as  a  function  of  turbine  velocity  ratio  u/ci 
as  shown  in  figure  (VI,  4)  for  different  pressure  ratios.  Additionally,  by 
observing  the  influence  of  the  wheel  disc  friction  the  efficiencies  change  some¬ 
what  as  indicated  by  the  dashed  lines  in  figure  (VI,  4).  Accounting  now,  additional¬ 
ly,  for  the  leakage  losses,  even  lower  efficiencies  are  obtained  as  shown  in 
figure  (VI,  4)  for  different  clearances  and  pressure  ratios  when  a  wheel  diameter 
ni  D  ~  b  inches  is  assumed.  These  diagrams  reveal  that  large  clearances  between 
rotor  and  stator  have  a  noticable  detrimental  effect  on  the  maximum  obtainable 
turbine  efficiency,  indicating  that  h/H  values  of  ,01  to  .02  are  desired  for 
effective  designs. 

The  above  considerations  make  it  evident  that  the  drag  theory  enables 
the  prediction  of  drag  turbine  performance  in  cases  where  the  drag  coefficient 
between  flow  and  rotor,  and  the  drag  coefficient  between  flow  and  stator  (as 
well  as  the  channel  geometry)  are  known.  The  drag  theory,  however,  makes 
no  prediction  regarding  the  size  of  the  drag  coefficients.  They  must  be  deter¬ 
mined  experimentally, 

l)  Investigation  of  Applicable  Experimental  Data 

An  attempt  is  made  to  obtain  data  for  the  rotor  drag  coefficient  by 
consulting  the  test  data  available  on  labyrinth  seals  (reference  l',  18,  and  19), 

For  this  critical  review,  a  nomenclature  is  selected  as  presented  in  figure 
(VI-5)  using  the  same^symbols  as  found  in  reference  15,  This  means  that  H 
denotes  the  stator  channel  depth,  H'  the  pocket  depth  of  tne  rotor,  1*  the  blade 
spacing,  '^the  blade  angle  against  the  direction  of  flow,  s  the  blade  thickness, 
and  L  *  Q'\i  the  passage  length.  For  arrangements  which  show  blades  on 
both  sides  of  the  channel,  the  through-flow  width  (equivalent  to  the  stator 
channel  depth  for  one  sided  blade  arrangements)  is  denoted  as  2H. 
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It  has  been  found  that  five  parameters  can  be  defined  which  determine 
th.'  numerical  value  of  the  drag  coefficient.  These  parameters  are: 


H' 


1,  The  blade  angle 

2,  The  ratio  of  pocket  depth  to  s.ator  depth  m  = 

j* 

3,  The  blade  spacing  n  •--jr 

4,  The  ratio  of  channel  length  to  stator  depth  which  in  terms  of 
drag  channel  geometry  is 

5,  The  ratio  of  blade  thickness  to  stator  channel  depth,  */H 

Discussing  first  channel  arrangements  where  only  one  side  of  the  wall 
is  equipped  with  blades,  the  following  information  has  been  found: 


Figure  (VI,  6),  shows  the  influence  of  the  ratio  of  pocket  depth  to  channel 
depth  anc  the  ratio  of  blade  spacing  to  channel  depth  on  the  drag  coefficient  X*  for 
blade  arrangements  with  blade  angles  of  Ol  =  90  degress,  a  comparatively  large 
blade  thickness  (thickness  ratio  =  3,33  and  1,9,  respectively)  and  values  of 
54  and  83.5,  respectively,  by  plotting  the  drag  coefficient  as  dr?g  ratio  by  referr- 
ing  the  drag  coefficient  to  the  maximum  drag  coefficient.  This  figure  shows  that 
tht  drag  coefficient  is  comparatively  insensitive  to  the  ratios  <r>\  and  ?V  reveal¬ 
ing  that  maximum  A  *  values  are  obtained  at  w*i  ratios  between  1  and  .  5  and 
at  "fl  values  between  4  and  18.  It  is  to  be  noted  that  these  data  are  obtained 
with  comparatively  large  blade  thicknesses  and  that  a  narrower  optimum  range 
has  to  be  expected  for  smaller  blade  thicknesses. 


Figure  (VI,  6b)  reveals  that  the  insertion  of  blades  at  the  surface  almost 
doubles  the  resistance  coefficient,  A  *  since  for  an  “ft  ratio  of  sero  (smooth 
walls)  the  dvag  coefficient  is  only  about  half  of  the  maximum  value. 

Figure  (VI,  7)  shows  the  influence  of  the  channel  length  to  channel  depth 
ratio  and  the  blade  thickness  ratio  on  the  drag  coefficient.  Figure  (VI,  7a  )  was 
obtained  from  test  data  on  seals  without  blades,  i.e.,  m  -  0  whereas,  figure 
(IV,  7b)  was  obtained  from  test  data  on  single  blades.  These  data  show  that  an 
optimum  /JL.  value  exists  and  that  the  drag  coefficient  is  low  at  extremely  large 
A  values,  as  well  as  for  extremely  small  values,  figure  (VI,  7a).,  The  blade 
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thickness  is  also  a  critical  value  as  shown  in  figure  (VI,  7b).  Apparently,  the 
blade  thickness  shoutd  be  less  than  20  per  cent  of  the  channel  depth  in  order 
to  obtain  high  drag  coefficients.  The  data  presented  in  figure  (VI,  7b)  were 
obtained  with  a  single  blade.  It  cart  be  assumed,  that  for  multi-bladed  designs 
the  critical  blade  thickness  is  even  smaller. 

In  summarizing  the  above  data,  the  following  conclusions  can  be  drawn: 

The  ratio  of  channel  length  to  channel  depth is  an  important  criterion 
for  the  magnitude  of  the  drag  coefficient.  Optimum,  values  for  this  ratio  appear 
to  be  between  20  and  60  for  smooth  labyrinth,  i.e.  for  labyrinths  without  blades. 
A  similar  tendency  has  been  found  in  the  literature  for  bladed  designs,  although 
not  enough  test  points  have  been  found  to  state  with  certainty  the  optimum 
value  for  bladed  arrangements.  The  insertion  of  blades  increases  the  drag  by 
factor  of  approximately  2  when  the  optimum  blade  spacing  and  optimum  ratio 
of  pocket  depth  to  channel  depth  is  observed.  It  appears  likely,  that  this. factor  - 
is  even  larger  if  the  optimum  blade  thickness  ratio  is  observed  since  the  factor 
of  2  is  only  correct  for  blade  thickness  ratios  around  2  and  3,  It  appears 
possible  to  increase  the  difference  in  drag  between  the  bladed  and  unbladed 
design  by  selecting  smaller  blade  thicknesses.  Differences  by  a  factor  of  4 
appear  to  be  obtainable. 

Only  limited  information  has  been  found  on  the  effect  of  blade  angle  on 
drag  coefficient  for  channel  arrangements  showing  blades  on  one  side  wall. 

The  available  data  show  an  increase  in  drag  hy  a  factor  of  about  6.  3  for  a 
Reynolds  number  of  10*  when  the  bla^e  angle  is  decreased  from  90  to  40 
degrees.  It  has  to  be  noted,  however,  that  the  40  degree  blade  test  was  made 
with  extremely  small  thickness  ratios  (.041  compared  to  3.2  for  the  90  degree 
blade)  and  that  no  JlL  value  is  quoted  for  the  40  degree  blade.  It  is  to  be 
expected,  therefore,  that  the  influence  of  the  angle  change  might  only  be  half 
of  the  above  value,  i.e.  a  factor  of  3.  15  when  both  blades  have  optimum  thick¬ 
ness  ratios.  The  blade  spacing  for  the  40  degree  blade  was  close  to  optimum 
•f'/H  -  1.5.  The  influence  of  this  ratio  on  the  drag  coefficient  in  canted  blades 
is  demonstrated  by  the  fact  that  the  drag  coefficient  decreases  to  about  60 
per  cent  of  the  previous  value  if  the  ratio  of  blade  spacing  to  pocket  depth  is 
increased  to  6.  Comparing  these  data  with  f  i  gure  (VI,  6b),  it  becomes 
apparent  that  the  blade  spacing  is  more  critical  in  canted  designs  than  for 
90  degree  blades.  Apparently  the  optimum  blade  spacing  >\  for  40  degree 
blades  is  closer  to  1  toLSas  .compared  to  6  to  20  for  the  90  degree  blades. 
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No  information  was  found  in  the  literature  regarding  the  influence  of  the  ratio 
sm  on  the  drag  coefficient  for  canted  blades. 

Detailed  information  on  the  influence  of  blade  spacing  «n\#ri.tio  of  pocket 
depth  to  channel  depth  m  and  blade  angle  on  the  drag  coefficient  was  found 
in  reference  20  for  channel  arrangements  which  have  blades  on  both  sides.  The 
most  significant  result  of  these  data  is  g.ven  in  figure  (VI,  8)  showing  the- influence 
of  the  blade  angle  H.  on  the  drag  coefficient  A  "  re\ealing  that  blade  angles  of 
about  40  degrees  give  highest  drag  coefficients  for  this  channel  arrangement. 

This  curve  presents  the  drag  coefficient  for  the  optimum  ratio  of  blade  spacing 
71  which  changes  as  a  Junction  of  blade  angle  as  indicated  in  figure  (VI,  91 
revealing  that  larger  blade  spacing*  y\  are  required  for  90  degree  blades 
than  for  40  degree  blades.  This  finding  is  ir.  accordance  with  the  previously 
quoted  test  data  on  single-sided  blade  rows.  The  data  of  reference  TO  are  some¬ 
what  different  from  the  data  quoted  previously,  since  the  drag  coefficient  pre» 
sented  in  reference  20  refers  only  to  the  drag  at  the  end  of  the  channel.  Hence, 
no  indication  of  the  influence  of  the  M.-  ratio  can  be  obtained  from  these  data. 

Due  to  the  particular  channel  geometry  selected  in  reference  20,  the  m  value 
and  n  value  are  directly  inter-related  namely,  m  -  nH/30  whereby  H  *  25 
millimeters  for  the  90  degree  blade  and  H  *  20  for  the  40  degree  blade.  Hence, 
the  ratio  of  pocket  depth  to  channel  depth  in  all  cases  is  proportional  to  the  ratio 
of  blade  spacing  to  pocket  depth,  but  always  slightly  smaller.  It  is  interesting 
to  note  that  the  drag  coefficient  for  double-sided  blade  rows  does  not  decrease 
with  increasing  Reynolds  numbers  as  found  for  one-sided  b’ade  rows,  but  is 
constant  and  in  some  cases  even  increases  with  increasing  Reynolds  numbers. 

The  blade  thickness  for  the  double -sided  channel  was  comparatively  smal’, 
namely,  blade  thickness  ratios  of  .25  to  .0125,  It  also  must  be  noted  that  the 
difference  in  drag  coefficients  for  90  degree  blades  ar.d  40  degree  blades  for 
double- sided  blade  rows  is  the  same  as  found  previously  for  single- sided 
blade  rows  if  the  data  on  single-sided  blade  rows  are  referred  to  the  same 
thickness  ratio. 

The  drag  coefficients  determined  by  labyrinth  tests  represent  combined 
coefficients,  i.e,  the  sum  of  the  rotor  drag  coefficient  ar.d  stator  drag  coeific- 

ient,i>e*  •  w;,i 

Introducing  the  drag  turbine  nomenclature  into  these  terms,  in  particular  the 
d^ag  ratio  $  ,  the  combined  drag  coefficient  A*,  found  m  labyrinth  test  data 
can  be  related  to  the  rotor  drag  coefficient  /<<*■  by  the  relation. 
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which  means  that  the  rotor  drag  coefficient  is  smaller  than  the  combined  drag 
coefficient  found  m  labyrinth  data  and  that  this  difference  depends  on  the  drag 
ralic  and  on  the  ratio  of  frictional  area  at  the  blades  and  at  the  stator.  The 
ratio  of  frictional  areas  is  about  unity  in  one  sided  channels,  but  considerably 
larger  at  doub’e-sided  blade  rows,  For  the  arrangement  tested  in  reference 
20.  this  ratio  '  anes  from  •  a’ues  of  from  1 50  to  7.  5,  but  varies  o.er  a 
considerably  smaller  range,  namely,  100  to  50  for  arrangements  yielding 
maximum  drag  coefficients;  X  *. 

In  estigatirg  first  single-sided  blade  rows  in  more  detail  and  remember¬ 
ing  that  the  difference  in  drag  coefficients  between  a  smooth  wall  and  a  bladed 
wall  with  blade  angles  of  (X  5  90  degrees  is  equal  to  4  (  (T  =  .251,  it  is  found 
that  the  rotor  drag  coefficient  for  this  arrangement  is  80  per  cent  of  the  com¬ 
bined  drag  coefficient.  This  would  mean  that  numerical  values  of  X^»  -  .  12 
to  .15  result  for  this  arrangement.  According  to  reference  16,  a  (f  value  of 
.25  means  drag  turbine  efficiencies  of  about  20  per  rent  for  density  ratios  of  2 
to  4.  Available  test  data  on  drag  turbines  indicate  that  the  maximum  obtained 
efficiency  for  blade  angles  of  90  degrees  and  close  tc  optimum  channel  geometry 
is  about  20  per  cent,  thus  re\ealing  good  conformity  between  labyrinth  data  and 
drag  turbine  data.  By  changing  the  blade  angle  to  40  degrees,  the  ratio  of  the 
drag  coefficient  at  the  bladed  and  unbladed  side  increases  by  a  factor  of  3  so  that 
now  the  J  ratio  becomes  .083,  Tins  means  that  the  rotor  drag  coefficient  for 
this  arrangement  is  92  per  cent  of  the  combined  friction  coefficient  yielding 
numerical  value*  for  the  rotor  drag  coefficient  of  .4  to  ,4?.  According  to 
reference  16.  a  <f  value  of  .083  would  yield  drag  turbine  efficiencies  of  about 
32  to  33  per  cent  when  operating  on  density  ratios  of  around  2,  This  value  was 
obtained  with  d;  ig  turbines  showing  40  degree  blade  angles  and  close  to  optimum 
channel  geometry  (see  figures  (VI,  3)  and  (Vl,4»)t  thus  again  demonstrating  good 
conformity  between  labyrinth  data  and  drag  turbine  data. 

For  double-bided  blade  rows,  the  combined  friction  coefficient  repor’ed 
in  the  literatu.e  is  about  four  times  as  high  as  the  drag  coefficient  for  smgie- 
bladed  rows.  This  would  imply  that  the  0  value  becomes  about  .02  which,  • 
according  to  reference  16,  means  turbine  efficiencies  of  about  50  per  cent  for 
expansion  ratios  of  2.  Turbines  built  with  such  a  blade  arrangement  (inside 
channels  as  shown  m  figure  (VI.  5bl  however,  did  not  yield  such  high  efficiencies 
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in  fact,  gave  o.-.'y  about  the  tame  efficiency  as, outside  channels,  i.e.,  a  maxi¬ 
mum  of  34  per  cent;  It  is  conceivable  that  an  unfavorable  channel  geometry 
was  selected  for  the  inside  blade  arrangement.  Since  reference  20  does  not 
quote  the  influence  of  th value  bn  the  drag  coefficient  it  is  not  possible  to 
compare  the  test  data  on  drag  turbines  with  labyrinth  data  for  this  particular 
arrangement.  Since  double-sided  blade  rows  show  combined  drag  coefficients 
to  be  independent  of  Reynolds  number,  it  is  to  be  expected  that  small  5  values 
for  this  arrangement  will  be  obtained  with  comparatively  large  channel  width 
(2H)  implying  that  the  optimum  channel  geometry  for  inside  blade  arrangements 
occurs  at  smaller  /\  values  than  for  outside  blades.  The  inside  channel  tested 
had  /I  values  of  about  20,  i.e,  the  same  value  found  close  to  optimum  for 
outside  channels. 

Additional  information  on  the  rotor  drag  coefficient  is  obtained  by 
analyzing  the  test  data  on  drag  pumps.  For  this  purpose,  the  shutoff  head  at 
a  function  of  drag  pump  geometry  was  investigated,  since  the  shutoff  head  is 
directly  related  to  t.ie  rotor  friction  coefficient  by 


=  ia-s  A». 


In  order  to  account  properly  for  the  slightly  different  channel  geometries,  an 
additional  geometry  factor,  namely,  the  rim  clearance  factor, 


1 


■c 


is  defined  which  represents  the  ratio  of  the  rini  clearance  r  to  the  stator  channel 
depth  H.  It  was  found  that  this  factor  has  a  comparatively  small  influence  on  the 
rotor  drag  coefficient  as  shown  in  figure  (VI,  10),  wnere  the  variation  m  drag 
coefficient  is  plotted  as  a  function  of  the  y  va.ue  for  different  geometries,  i.e. 
different  values.  It  is  evident  from  this  diagram  that  the  drag  coefficient 
decreases  slightly  vv  th  increasing  y  values  and  that  y  values  of  about  .  2  or  less 
yield  maximum  drag  coefficients.  In  figure  {VI,  11).  the  calculated  rotor  drag 
coefficients  are  plotted  as  a  function  of .  These  data  reveal  considerable 
scatter.  This  can  be  reduced  slightly,  it  additionally,  the  ocher  characteristic 
values,  such  as  the  y  and  m  factor  are  considered.  (No  information  was  given 
in  the  test  for  the  n  value.  It  is  assumed,  tr.at  the  n  value  incorporated  in  the 
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drag  pump*  close  to  optimum).  As  evident'trom  the  previous  discussion, 
maximum  drag  coefficients  of  the  rotor  should  be  expected  for  m  values  between 
l  and  3.  The  points  denoted  as  squares  in  figure  (VI,  11)  refer  to  m  values  of 
the  quoted  range.  For  the  other  points,  the  m  value  was  smaller  than, 8.  Con¬ 
sidering  r.ow  the  test  data  with  optimum  m  values  exclusively.it  is  found  that 
these  points  indicate  the  highest  rotor  drag  coefficients,  and  confirm  the  pre¬ 
viously  discussed  trend.  It  is,  also,  to  be  noted  that  the  drag  coefficients 
decrease  with  increasing  values,  i.e.,  reveal  a  tendency  as  found  previously 
tn  labyrinth  data.  It  is.  however,  to  be  expected  that  the  decrease  in  crag  co¬ 
efficients  with  increasing  values  is  not  quite  as  pronounced  as  apparent 
from  figure  (VI,  11).  This  becomes  more  obvious  if  it  is  considered  that  large  ' 
yU.  values  mean  comparatively  small  channel  depths.  Since  the  leakage 
increases  considerably  with  small  channel  depths,  assuming  that  the  clearance 
between  rotor  and  stator  is  almost  constant,  it  becomes  evident  that  large  M. 
values  also  mean  comparatively  large  leakage  flows.  The  shutoff  head  obtained, 
howeier,  is  particularly  sensitive  to  the  leakage  so  that  for  the  ideal  machine, 
i.e. for  a  machine  without  leakage,  larger  shutoff  heads  are  to  be  expected  at 
large  JA  values  than  indicated  in  the  test  data.  This  then  in  turn  means  that 
drag  coefficient  for  the  rotor  should  be  larger  in  the  ideal  machine  than  indicated 
on  figure  (VI,  11),  In  this  tespect,  it  would  have  been  better  to  evaluate  the 
performance  data  at  the  optimum  pump  efficiency  point  for  determining  the  rotor 
drag  coefficient.  This,  however,  can  only  be  done  when  the  efficiency  is  known 
for  this  point,  which  was  not  quoted  in  the  references  (reference  20  to  25), 

For  blade  angles  =  40  degrees,  a  similar  tendency  has  been  observed 
namely,  a  decrease  in  rotor  drag  coefficient  with  increasing  /^values.  Com¬ 
paring  these  data  with  t..e  data  for  pumps  having  blade  angles  of  90  degrees,  a 
difference  in  drag  coefficients  o:  3.1  is  found  for  constant  values,  thus  again 
confirming  the  labyrinth  test  data  which  show  the  same  difference  in  drag  co¬ 
efficients  as  a  function  of  blade  angle. 

Both  data  refer  to  outside  channels,  i.e.  to  arrangements  where  only 
one  side  of  the  channel  has  blades.  It  is  to  be  noted  that  the  influence  of  the 
blade  angle  decreases  with  increasing  jU,  values  meaning  that  for  large  AA 
values.  90  uvjree  blades  are  just  about  as  effective  as  canted  blades.  This, 
again,  is  in  accordance  with  the  labyrinth  seal  data  (reference  26),  which 
indicates  that  the  influence  of  the  blade  angle  disappears  for  small  channel 
depths,  i.e.  large  jA  values. 
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In  comparing  the  numerical  values  of  the  drag  coefficient  for  drag 
turbines  and  labyrinth  seals,  it  is  found  that  the  numerical  value  for  the  roior 
drag  coefficient  in  turbines  is  larger  than  found  in  labyrinth  seals.  This 
difference  might  be  due  to  the  fact  that  the  channel  is  curved  in  drag  turbines 
and  straight  in  the  labyrinth  seals.  This  causes  a  higher  turbulence  level  in 
the  outer  portions  of  the  drag  channel  ir.  turbines  (reference  26)  which  might 
be  responsible  for  t.ie  larger  drag  coefficients,  Since  it  must  be  suspected 
that  the  degree  of  turbulence  will  affect  the  absolute  size  as  well  as  the  optimum 
blade  spacing  (n  value)  and  the  optimum  width  ratio  (m  value),  it  is  assumed 
that  a  larger  degree  of  turbulence  will  cause  the  optimum  n  value  to  be  smaller 
in  curved  channels  than  in  straight  channels  and  will  cause  the  drag  coefficient 
to  be  less  sensitive  to  the  depth  ratio  in  curved  channels  than  in  straight  channels. 

In  summarizing  all  the  above  findings,  the  following  conclusions  are 

drawn: 


Good  agreement  is  found  for  the  drag  coefficients  obtained  in  straight 
channels  (labyrinth  seal  tests)  ar.d  curved  channels  (drag  pumps,  drag  turbines), 
which  implies  that  the  radial  pressure  gradient  present  in  drag  turbines  is  of 
little  consequence  on  the  drag  turbine  performance.  The  slight  numerical  differ¬ 
ence  in  drag  coefficients  can  be  explained  by  the  increased  turbulence  levels 
at  the  outer  portions  of  a  curved  channel.  The  rotor  drag  coefficient  is  mainly 
a  function  of  the  ratio  of  channel  length  to  channel  depth,  (  value)  and 
decreases  with  increasing  /X  values.  The  blade  angle  is  of  considerable 
influence  on  the  drag  coefficient,  meaning  that  blade  angles  of  40  degrees  give 
highes*  rotor  drag  coefficients  and  that  the  u  sually  found  blade  angles  of  90 
degrees  give  drag  coefficients  which  are  only  30  per  cent  of  the  ^rag  coefficient 
for  the  40  degree  blade.  The  ratio  of  blade  spacing  to  stator  channel  depth 
(n  value)  and  the  ratio  of  pocket  depth  to  stator  channel  depth  (m  value)  are 
also  of  influence  on  the  drag  coefficient.  Optimum  values  for  these  ratios 
depend  on  the  blade  angle  and  are  about  Y\  rho|.Siv^./^-:l  for  40  degree  blades 
and/n>4ti8u^i>vi«l  for  90  degree  blades.  These  values  pertain  to  sharp  blades, 
i.e.  to  bladeswhere  the  blade  thickness  if  less  than  20  per  cent  of  the  stator 
channel  depth.  For  larger  blade  thickness  ratios,  the  optimum  ratios  are  less 
pronounced.  Blade  thickness  ratios  above  one  decrease  the  rotor  drag  coefficient 
to  about  half  its  original  size.  The  above  conclusions  arc  graphically  represented 
in  figure  (VI,  12)  by  showing  the  drag  coefficient  for  two  different  blade  angles, 

40  ar.d  90  degrees  ,  as  a  function  of  the/4  value. 
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Only  in  one  case  has  a  discrepancy  between  the  drag  coefficient  in 
labyrinth  seals  and  drag  turbines  been  found.  This  was  the  case  where  both 
rotor  wal'e  show  blades  as  indicated  in  figure  (VI,  5b),  For  this  arrangement, 
the  labyrinth  seat*  show  considerably  higher  friction  coefficients  than  found 
in  drag  turbines  of  this  arrangement.  Since,  however,  the  labyrinth  seals 
data  do  not  quote  the^M value,  it  is  possible  that  this  apparent  difference  is 
caused  by  imprope*  selection  of  channc’  geometries  for  ihe  drag  turbine,  »,e, 
by  testing  the  drag  turbine  at  an  adverse  ratio,  There  is  some  evidence 
that  the  optimum  value  for  ir.s.dc  C  V'Vi.s.s  sma.lcr  than  for  outside  channels, 
as  indicated  by  the  dashed  line  in  figure  (VI.  12),  so  that  tests  with  smaller  M 
values  will  be  required  in  order  to  clarify  this  point.  If  the  labyrinth  seal  data 
can  be  confirmed  with  inside  channels,  drag  turbine  eiftctencies  of  50  per  cent 
should  be  obtainable. 

It  is  to  be  noted  that  in  outside  channels  the  stator  wall  in  all  cases  so 
far,  drag  turbines  as  well  as  labyrinth,  was  smooth.  It  might  be  suspected 
that  a  wave-shaped  surface  m  the  stator  channel  will  change  the  stator  drag  co¬ 
efficient  only  insignificantly,  but  might  increase  the  roior  drag  coefficient,  thus 
yielding  higher  turbine  efficiencies,  particularly  when  the  wave  form  takes  a 
saw  tooth  shape  with  rounded  edges.  No  conclusive  information  concerning  the 
drag  coefficiencies  of  such  a  channel  configuration  has  been  found  in  the  .literature. 

All  labyrinth  seal  data,  were  obtained  in  channels  of  constant  cross- 
section  (cons. ant  depth  H).  In  or  V.r  to  obtain  good  drag  turbine  efficiencies 
for  compressible  media,  a  di.or  .nt  stator  channel  is  desirable,  where  the 
divergence  should  be  of  ouch  a  nature  that  the  through  flow  velocity  is  constant 
over  the  periphery.  This  means  that  different  divergence  ratios  are  desired 
for  different  turbine  pressure  ratios.  It  is  assumed  that  toe  rotor  friction  co¬ 
efficient  is  affected  very  little  by  the  divergence  of  the  channel  since  the  depth 
ratio  rr,  doe#  not  appear  »<>  be  extremely  critical. 

2.  Perfo.mance  of  Single  Disc  Turbines 

With  the  relations  presented  in  sections  VIA  1  ar.d  2  it  is  possible 
to  write  the  efficiency  of  drag  turbines  as  function  of  the  speed  ratio  X~  ,  the 
d  vg  ratio  S  ,  the  leakage  ratio  and  the  factor&see  equations  III,  101 

and  (VI,  13)). 


AMF/TD  No,  1196 
Job  No.  7213 


9  Apiii  1958 
Pago  82 


Due  to  t.ie  preliminary  character  of  figure  (VI,  12),  this  step  appears  unadvix- 
able  at  this  time  so  that  a  graphical  procedure  was  used  for  computing  an 
diagram  fofr  drag  turbines  for  X'(h  1  (incompressible  case)  which  is 
shown  in  figure  (VI,  13),  Assuming  additionally  that  figure  (VI,  12)  is  vahd 
for  diameter  ratios  €.  from  1. 3  to  1,8,  it  is  possible  to  also  show  lines 
of  constant  M  -  values  in  this  diagram,  thus  revealing  that  optimum  efficiencies 
occur  for  M-  values  of  8  to  12  as  expected  from  figure  (U,  12)  io-:  inside  channels. 
Figure  (VI,  13)  indicates  also  that  maximum  efficiencies  occur  at  specific  speed 
of  Nt  s  5  to  15  and  specific  diameters  of  D4  s  5  to  2.5.  These  values  character¬ 
ise  drag  turbines  as  typical  low  specific  speed  turbines  with  comparatively  small 
specific  diameters,  i.e.  as  a  turbine  design  of  low  weight  since  for  almost  all 
investigated  turbine  designs,  the  turbine  weight  is  proportional  to  the  square  of 
the  rotor  diameter. 

Figure  (IV,  13)  is  calculated  for  a  comparatively  low  leakage  character¬ 
ised  by  assuming  a  smalt  clearance  ratio  of  h/^  =  .02.  It  is  evident  from 
equation  (VI,  25)  that  the  leakage  is  of  significant  influence  on  the  turbine 
efficiency.  By  observing  the  relationships  derived  for  the  leakage  flow  equation 
(VI,  15)  and  (VI,  16).  it  is  possible  to  derive  a  relation  for  a  correction  factor 
which  corrects  the  base  efficiency  shown  in  figure  (VI,  13)  to  the  efficiency 
resulting  for  larger  clearance  ratios.  This  relation  reads  in  an  approximate 
form  (by  using  average  £  and  £  values 


X  - 


This  relation  indicates  that  the  clearance  ratio  has  a  stronger  influence  on  the 
efficiency  at  Urge  /-(-values  than  at  small  JX.  values.  Since  Urge  /(-  values 
occur  at  Urge  specific  diameters,  it  becomes  also  evident  that  the  detrimental 
influence  of  increased  clearance  ratios  is  stronger  at  large  specific  diameters 
than  at  small  specific  diameters.  Since  for  obtaining  maximum  efficiencies  the 
specific  diameter  has  to  increase  with  decreasing  specific  speeds,  it  is  also 
evident  that  increased  clearance  ratios  are  detrimental  for  typical  low  specitic 
speed  designs.  This  tendency  is  similar  to  the  tendency  of  the  rim  clearance 
influence  described  in  section  IV,  on  axial  turbines. 
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Figure  (VI,  13)  is  calculated  by*  assuming  a  density  change  of  unity  and 
a  constant  area  channel  geometry  »n  accordance  with  the  d  scussion  presented 
in  section  VIA,!,  It  is  to  be  expected  that  for  density  ratios  larger  than  unity 
and  properly  diverging  channels,  figure  (VI,  13)  has  approximate  validity  prob¬ 
ably  up  to  density  ratios  of  4  and  possibly  10. 

For  constant  area  channels  and  density  ratios  larger  than  unity,  lower 
peak  efficiencies  than  shown  in  figure  (VI,  13)  are  to  be  expected,  according  to 
the  information  presented  in  figure  (VI,  3).  extending  the  information  pre¬ 
sented  in  this  diagram  to  an  NSD#  diagram  by  a  graphical  procedure,  figure 
(VI,  14)  is  obtained  which  indicates  that  the  location  for  peak  efficiency  designs 
moves  to  smaller  specific  diameters  without  changing,  however,  the  specific 
speed  regime  whereby  the  peak  efficiency  now  decreases  to  values  of  about  19 
per  cent  lor  density  ratios  of  10.  The  result  then  is  the  constant  area  channels 
operated  with  compressiole  medii  give  smaller  optimum  rotor  diameters  than 
diverging  channel  designs,  however,  the  maximum  efficiency  decreases.  In 
spite  of  this  decrease  in  efficiency,  the  smaller  rotor  diameter  will  present 
an  attractive  feature  for  some  applications  due  to  the  corresponding  decrease 
in  turbine  weight  so  that  constant  channel  areas  for  compressible  medii  merit 
considerations  for  applications  where  turbine  weight  and  diameter  are  more 
important  than  efficiency.  Since  additionally,  the  original  simplicity  of  the 
drag  turbine  design  is  retai  .ed  in  constant  area  channels,  it  appears  that  this 
turbine  type  will  show  advantages  in  accessory  power  unit  application  for  low 
duration. 

The  above  discussion  dealt  with  outside  channel  designs.  For  inside 
channels  higher  efficiencies  are  to  be  expected  due  to  the  higher  Air  values 
quoted  in  figure  (VI,  12).  Since  the  higher  value  occur  at  smaller  J-L 
values,  the  ratio  of  channel  area  over  diameter  will  be  larger  for  inside 
channels.  Since  the  increase  in  rotor  friction  coefficient  is  larger  than  the 
decrease  in  /X.  value  the  geometry  term  will  be  larger  for  inside  channels 
than  for  outside  channels.  This,  however,  does  not  necessarily  mean  that 
inside  channels  operate  at  smaller  turbine  velocity  ratios  than  outside 

channel  since  the  optimum  %,(//■"}  value  increases  with  decreasing  $  value, 
i.e,,  increasing  Adv  values.  It  is  to  be  expected,  therefore,  that  inside 
channels  will  show  about  the  same  optimum  specific  speed  and  specific  dia¬ 
meter  range  than  outside  channels,  with  ,  however,  higher  efficiency  values. 
No  computations  have  been  carried  through  for  inside  channels  due  to  the 
speculative  character  of  the  values  presented  in  figure  (VI,  12)  for  inside 
channels.  In  this  respect  it  has  to  be  noted  that  in  general  the  information 


presented  in  figure  (VI,  12)  is  of  preliminary  nature  since  some  of  the  geometrical 
relationships  affecting  the  drag  coefficient*  are  not  yet  fully  explored. 

%  • 

3,  Conclusions 

Drag  coefficients  measured  in  labyrinth  seals  show  remarkable  similar* 
ity,  tendency-wise  as  well  as  numerically,  with  drag  coefficients  calculated  from 
drag  turbine  performance  data.  Since  investigatirns  on  labyrinth  seals  co\er  a 
wider  variety  of  geometrical  shapes  than  the  comparatively  few  data  available  on 
drag  turbine  performance,  the  knowledge  on  drag  turbine  characteristics  can  be 
extended  by  applying  labyrinth  data.  With  this  assumption  the  complete  performance 
range  of  drag  turbine#  can  be  analyzed.  The  optimum  geometry  can  be  determined 
so  that  the  N$Dt  diagrams  for  drag  turbines  can  be  plotted.  This  analysis  reveals 
that  drag  turbines  arc  typical  low  specific  speed  turbines  covering  specific  ranges 
of  5  to  IS  with  specific  diameters  of  5  to  2.  5  with  efficiencies  of  about  40  per  cent, 
as  peak  values.  The  NSDS  diagram  also  presents  additional  information  for  the 
optimum  geometry  by  quoting  the  ratio  of  rotor  diameter  to  stator  channel  depths 
for  the  different  specific  duunei.  s.  The  ratio  of  clearance  h/H  between  stator 
and  rotor  and  side  channel  depths  H  is  a  particularly  influential  parameter,  reveal¬ 
ing  that  the  clearance  ratio  **/H  .  must  be  maintained  between  ,01  and  .02  m  order 
to  obtain  peak  efficiencies. 

Peak  efficiencies  lower  than  40  per  cent  are  obtained  when  drag  turbines 
of  conalanl  channel  area  are  operated  at  high  pressuse  ratios,  namely  about  20 
per  cent  for  Pl/p  =  10,  This  deficiency  can  be  corrected  by  using  diverging  stator 
channels,  ‘  5 


ri 
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UST  OF  SYMBOLS 


drag  channel  area 


frictional  area 


through  flow  velocity 
spouting  velocity 


rotor  diameter 


specific  diameter 


hub  diameter 


gravitational  constant 
width  of  drag  channel 
pocket  depth 
input  head 
output  head 


seal  clearance 


length  of  drag  channel 


blade  distance 


width  ratio 


specific  speed 
blade  spacing 


dimensionless  head  ratio 
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LIST  OF  SYMBOLS  (Cont> 


blade  thickness 


wheel  speed 


velocity 


turbine  weight  flow 


leakage  How 


velocity  ratio 


rimclearance 


blade  angle 


density 


drag  ratio 


diameter  ratio 


hydraulic  efficiency 


shaft  efficiency 


drag  coefficient 


diameter-width  ratio 


geometry  term 


ratio  of  friction  coefficients 


shear  stress 
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B.  Drag  Turbine  Considerations  Based  on  Dynamic  Flow  Theory 

It  is  assumed  for  this  analysis  that  the  drag  turbine  (referred  to  in  the 
literature  as  regenerate  or  peripheral  pumps  and  turbines)  can  be  associated 
with  a  flow  essentially  dynamic  in  nature,  obeying  the  Euler  equations,  and  that 
friction  forces  are  small  and  can  be  ta»-en  into  account  by  correction  factors. 

This  is  analagous  to  the  methods  used  in  computing  axial  and  radial  flow-machines. 

It  is  doubtful  if  this  theory  can  be  applied  directly  to  the  conventional 
form  of  drag  turbines,  since  this  theory  suggests  a  flow  pattern  which  would  be 
adversely  affected  b/  the  conventional  blading  and  channel  geometry,  meaning 
also  that  the  conventional  arrangement,  particularly  the  interaction  between 
rotor  flow  and  stator  flow  in  conventional  designs  militates  against  the  possibility 
to  even  approximate  the  flow  mechanism  to  any  theoretical  flow.  By  discussing 
the  more  significant  equations  of  this  theory  and  their  implications  and  solving 
the  basic  flow  equations  for  the  assumed  flow  pattern  a  basis  is  established  for 
designing  blade  forms  and  channet  geometries  which  fulfill  all  the  required 
boundary  conditions.  This  suggests  that  designs  can  be  found  which  have  Euler* 
ian  flow  and  correspondingly  high  efficiencies.  The  considerations  are  as  follows. 

The  fluid  is  introduced  tangentially  above  a  set  of  moving  impulse  turbine 
blades  set  on  both  sides  of  a  disk  at  the  periphery  as  shown  in  figure  (VI,  15), 

The  fluid  goes  radially  inward,  through  the  blade  passages  and  into  a  vaneless 
passage  where  it  circulates  toroidally  upward  and  around  the  circumference  under 
the  influence  of  the  circumferential  pressure  gradient  until  it  enters  the  blade 
passages  again.  This  is  repeated  until  the  outlet  is  reached.  Between  the  inlet 
and  outlet  is  a  seal  which  is  shaped  to  maintain  the  boundary  conditions  demanded 
by  the  differential  equations. 

These  boundary  conditions  were  set  so  that  the  following  flow  character¬ 
istics  exist: 

1.  The  velocities  are  circumferentially  symmetrical  (since  the  blading 
and  passage  shapes  are  circumferentially  symmetrical). 

2,  The  same  amount  of  work  is  taken  out  of  each  stream  line. 

The  first  equation  of  interest  describes  the  variation  of  the  tangential 
velocity  in  the  free  passage: 
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yt-so 


where  -  tangential  velocity 

_  to  tal  head  drop 
*  meridional  mas*  flow 
V,  -  free  flow  volume 

This  indicates  that  the  f  variation  is  independent  of  the  passage  shape,  but  a 
function  only  of  the  volume  of  the  passage. 

The  second  significant  equation  is  that  for  the  internal  efficiency  of 
the  turbine,  that  is  the  efficiency  which. accounts  only  for  the  losses  ir.ssde 
the  turbine  without  inlet,  exit,  and  wall  friction  losses. 

O  * 

Vi. 

where  *2;  ~  internal  efficiency 

mean  blade  speed 

Vi  -  mean  tangential  velocity  in  the  free 
passage 

.  This  is  the  same  formula  arrived  at  from  overall  pressure-momentum 

considerations.  According  to  the  drag  theory,  presented  in  reference  16,  no 
work  can  be  done  when  this  function  approaches  1.0,  But  for  this  formulation, 
large  variations  in  cu  can  exist  even  if  the  mean  velocity  approaches  the  blade 
speed.  This  necessitates  large  negative  velocities  at  the  exit  from  the  bladed 
portions;  thus  the  strange  shape  of  the  block  seal  in  figure  (VI.  15). 

Another  significant  equation  shows  the  energy  available  for  driving  the 
circumferential  velocity. 


Uc  '*) 


H-Ae 


where  H  *  head  available  for  circumferential 

lo  sses 
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This  indicates  that  all  of  the  internal  losses  are  available  for  driving  the  cir- 
cumferential  component.  And,  as  the  circumferential  loss  approaches  aero, 

7^  must  approach  unity  and  must  approach  um. 

The  analysis  above  determines  the  flow  along  one  flow  surface.  Integrat¬ 
ing  point  to  point  ft  urn  this  surface  with  the  use  of  equation  <1 V,  49C),  one  may 
obtain  the  flow  over  the  complete  section  and  tne  design  of  the  cross-section  and 
blades.  However,  it  is  sufficient  for  this  report  to  assume  that  conditions  along 
the  mean  stream  tine  represent  the  a\erage  conditions  of  the  complete  flow,  that 
is,  b  represents  the  channel  width.  When  this  is  done,  expressions  for  the  aver¬ 
age  efficiencies  and  several  design  criteru  may  be  determined.  It  is  evident  that 
several  assumptions  have  been  made  in  this  theory  which  will  not  be  followed 
completely  by  the  actual  flow.  This  aspect  merits  some  further  discussion, 

Tt  is  assumed  that  the  pressure  decreases  stead’ly  with  increas¬ 
ing  peripheral  angle  A  as  shown  in  figure  (VI,  15-Al.  In  order  to  simplify  the 
‘representation  the  flow  channel  has  been  linearized  m this  diagram.  The  upper 
line  represents  the  pressure  at  the  outer  radius  of  the  side  channel,  whereas 
the  lower  line  represents  the  pressure  at  the  inner  radius  of  the  side  channel; 
the  difference  between  these  two  pressures  is  caused  by  the  centrifugal  field  and 
proportional  to  the  square  of  the  radius  ratio.  This  pressure  pattern  can  be 
established  only  if  an  infinite  number  of  rotor  blades  is  assumed  and  if  addition¬ 
ally  the  peripheral  extension  of  the  i.ozale  arc  is  infinitesimally  small.  In  the 
actual  case  a  somewhat  diffeier.t  pressure  pattern  must  be  expected  due  to  the 
finite  peripheral  extension  of  the  nozzle  and  due  to  the  limited  number  of  rotor 
blade3.  In  this  case  the  pressure  will  be  constant  over  the  nozzle  arc  as  indicated 
by  the  dashed  line  in  figure  (VI,  15- A).  If  the  rotor  channel  is  positioned  in  such 
a  manner  that  the  nozzle  arc  covers  one  blade  passage  entirely  and  if  the  clear¬ 
ance  between  nozzle  and  blade  is  small  enough  to  avoid  detrimental  leakage,  the 
nozzle  jet  will  pass  through  the  rotor  channel  and  will  again  show  constant  pressure 
over  the  exit  width  of  the  rotor  channel.  The  jet  discharged  from  the  rotor  blades 
will  be  directed  to  the  upper  part  of  the  side  channel  by  the  block  seat,  enter  the 
second  blade  passage  and  will  flow  through  the  second  blade  passage  due  to  the 
pressure  difference  existing  between  the  outer  and  inner  radius  of  the  side 
channel.  This  means  that  the  pressure  pattern  shows  steps  as  indicated  by  the 
dashed  lines  in  figure  (VI, 1 5A)  whereby  the  peripheral  extension  of  the  steps 
shoutd  be  approximately  porportional  to  the  blade  spacing.  This,  then,  means 
that  a  pressure  gradient  exists  between  two  adjacent  streamlines  in  the  side 
channel.  This  pressure  difference  can  not  be  maintained  but  will  be  modified  to 
a  more  gradual  decrease  by  a  mixing  process  as  indicated  by  the  dotted  lines  in 
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fi  gure  (VI,  15A).  1(  is  to  be  noted  that  this  gradual  decrease  in  pressure  is 
obtained  by  a  process  which  increases  the  entropy  and  not  by  the  dynamic  action 
otthe  blades,  i.e.»  by  converting  dynamic  energy  into  shaft  power.  This  mixing 
has  to  take  place  for  every  cycle  so  that  for  the  overall  process  comparatively 
large  mixing  losses  have  to  be  expected. 

The  above  described  flow  pattern  is  expected  to  result  when  one  rotor 
channel  covers  the  nozzle  arc  entirely.  As  soon  as  the  rotor  starts  to  move, 
a  condition  will  exist,  w,.cre  two  rotor  channels  are  fed  by  the  nozzle  so  that 
now  the  typical  partial  admission  losses  occur  due  to  sudden  expansion  of  the 
gas  in  the  rotor  channel.  Additionally,  it  must  be  expected  that  the  pressure  at 
rotor  exit  is  constant  o\er  two  blade  passages,  which  means  that  only  a  fewer 
number  of  pressure  steps  an  occur  causing  the  number  of  cycles  to  be  smaller, 
so  that  every  cycle  has  to  show  a  larger  pressure  drop  than  previously  if  the 
total  available  pressure  drop  is  to  be  utilized  in  the  channel.  This,  in  turn, 
means  that  the  pressure  gradient  between  two  adjacent  stream  lines  is  larger* 
thus  causing  larger  mixing  losses. 

Another  aspect  is  revealed  when  the  starting  problem  is  considered.  In 
this  case  the  back  pressure  at  the  exit  of  the  first  blade  passage  can  be  assumed 
to  be  equal  to  turbine  exit  pressure  so  that  a  tendency  will  exist  to  expand  the 
total  available  pressure  m  the  first  passage,  causing  the  remainder  of  the  rotor 
channels  to  receive  gas  which  has  expanded  its  pressure  energy  already.  If  now 
the  rotor  starts  moving  it  is  conceivab'e  that  the  gas,  having  expanded  all  its 
energy  in  the  first  passage  travels  with  wheel  speed  to  the  exhaust  port,  so  that 
only  the  first  passage  accomplishes  a  conversion  of  dynamic  energy  to  shaft 
power.  • 


The  above  considerations  indicate  that  it  might  be  difficult  to  actually 
obtain  the  flow  pattern  stipulated  m  the  dynamic  theory,  or  that  in  order  to  obtain 
the  continuously  decreasing  pressure  pattern  a  considerable  amount  of  mixing 
losses  has  to  be  anticipated.  It  is  to  be  expected  that  the  situation  improves  with 
increasing  number  of  blades  and  decreasing  peripheral  extension  of  the  nozzle 
arc.  The  above  considerations  also  indicate  that  it  would  be  inadvisable  to  place 
blades  in  the  side  channel  since  local  P.uctuations  of  the  side  channel  pressure 
have  to  be  expected,  caused  by  the  fact  that  the  nouz'e  will  feed,  in  most  cases, 
two  rotor  passages,  the  position  of  which  changes  constantly. 
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A  more  optimistic  approach  would  be  to  assume  that  with  special 
nozzle  designs  the  pressure  at'nozzle  outlet  is  not  constant,  but  varying  with 
peripheral  extension.  If  it  would  also  be  possible  to  design  blade  passages 
which  allow  the  pressure  at  channel  exit  to  show  a  pressure  gradient  rather 
than  a  constant  value.  Then  the  originally  assumed  pressure  pattern  could  be 
established  predominantly  by  dynamic  flow  action  rather  than  mixing  processes. 
In  this  case  extremely  high  efficiencies  should  be  expected  for  the  turbine  since 
no  parasitic  losses  except  the  usual  friction  and  turning  losses  would  have  to  be 
considered. 

Another  approach  would  be  to  assume  that  the  desired  pressure  gradient 
will  eventually  be  established  in  the  turbine  passages  and  that  the  nozzle  which 
originally  provides  a  constant  pressure  over  the  nozzle  exit  will  adjust  to  the 
gradually  decreasing  pressure  pattern  of  the  side  channel  by  incurring  mixing 
losses. 


It  is  unlikely  that  further  analytical  arguments  will  give  sufficient  help 
for  determining  numerically  the  effect  of  the  above  discussed  disturbances  or 
far  determining  the  average  flow  pattern  actually  existing  in  this  turbine  design. 

It  may  suffice  to  be  content  for  the  time  being  with  the  fact  that  a  detailed  mathe¬ 
matical  treatment  of  drag  turbines  with  Eulerian  flow  presented  in  section  (VI,  Bl) 
indicates  that  the  assumed  flow  pattern  is  possible  from  a  theoretical  point  of 
view  and  stable  for  an  infinite  number  of  blades  when  the  block  seal  is  shaped 
according  to  the  boundary  conditions,  i.e. ,  has  a  geometrical  shape  as  indicated 
in  figure  (VI,  15).  This  finding  suggests  that  the  peripheral  channel  should  be 
entirely  open  in  order  to  allow  more  flexibility  for  the  flow  pattern.  It  should 
prove  therefore  essential,  to  avoid  any  blading  in  the  peripherial  channel  thus 
avoiding  a  rigidity  in  flow  pattern  the  flow  cannot  adhere  to.  This  finding  also 
points  to  the  desirability  of  providing  a  maximum  number  of  rotor  blades,  or 
more  precisely,  to  design  for  the  largest  possible  ratio  of  nozzle  arc  lengths 
to  blade  spacing;  a  feature  found  essential  also  in  partial  admission  axial  tur¬ 
bines.  Assuming  that  by  these  means  the  disturbances  and  secondary  losses 
caused  by  the  limited  number  of  blades  can  bo  kept  small,  only  four  loss  sources 
have  tc  be  considered  for  calculating  the  hydraulic  efficiency  of  this  turbine 
type.  These  losses  are  enumerated  as- follows: 
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1,  Blading  tost: 

The  blading  lot*  In  a  well  designed  constant  area  turbine  passage  la 
a  function  of  the  turbine  angle  and  the  relative  velocity  head.  Generally,  a  loss 
of  30  per  cent  of  the  relative  velocity  head  for  turning  angles  of  leas  than  120 degrees 
is  considered  a  conservative  value,  hence 

iv>- *x[( c*  -  c- J*- 0  - 

where  ^  is  the  inlet  and  exit  blade  angle 

2,  Circumferential  velocity  loss: 

The  test  data  available  for  ducts  indicates  that  the-losses  for  90  degree 
bends  are  on  the  order  of  one  quarter  of  the  velocity  head,  provided  that  there 
are  no  sudden  expansions  at  the  turn.  A  360  degree  turn  would  then  occasion  some* 
thing  over  unity  velocity  head  loss.  A  value  of  1,  5  would  seem  a  conservative 
value,  hence 

Li  •  yjtf 

3,  Inlet  and  exit  loss: 

The  inlet  loss  is  simply  the  l.oas  of  the  accelerating  flow  plus  the 
previously  discussed  mixing  loss  at  the  boginning  of  the  circumferential  passage. 

A  value  of  10  per  cent  of  the  inlet  velocity  head  is  assumed  for  this  loss.  The 
exit  loss  is  considerably  more,  since  mixing  and  diffusion  are  involved.  How* 
ever,  proper  design  of  the  exit  passage  will  require  only  diffusion  of  the  radial 
component.  It  appears  that  over  50  per  cent  of  this  velocity  head  will  be  lost, 
hence 


and 
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4,  Tangential  flow  losses: 


This  \«r ill  be  a  function  of  the  friction  factor  and  the  average  of 
the  squares  of  the  circumferential  velocity  multiplied  by  the  lengths  -  hydraulic 
diameter  ratio  as  indicated  by  the  pipe  theory.  Because  of  the  excess  turbul- 
ance  of  this  flow,  the  maximum  tangential  velocity  is  used  here  to  determine 
the  loss,  hence 


where  \  '  friction  factor 
a  >  channel  width 

For  calculating  the  overall  efficiency,  the  wheel  disc  friction  loss  is  found  in 
Stodola  (reference  2)  to  be 


u  « # 


where  is  in  horsepower. 

In  terms  of  the  variabl.es  used  here  the  loss  per  pounds  flawis 

Lt  -'(%^‘X  ^ 

The  overall  efficiency  is  then  the  internal  efficiency  multiplied  by 
a  factor  of  one  minus  the  external  losses  divided  by  the  available  energy.  Hence, 
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absorbed  by  a  given  size  wheel  at  a  given  rotative  speed. 

A  summary  curve  resulting  from  the  above  relations  is  shown  in 
in  figure  (VI,  16)  where  u/cj  and  .  are  presented  as  a  function  Cu/u  and  £ 
for  a  value  of  £^»4.0,  This  curve  indicates  that  highest  efficiencies  will 
be  obtained  with  snhall  angles.  It  indicates  that  efficiencies  of  between  .  60 
and  ^70  are  calculated  for  u/cj  values  as  low  as  0.07.  For  very  large  enthalpy 
drops  at  the  lowest  blade  speeds  the  ratio  r/m*must  be  as  larg^  as  possible, 
which  teads  to  large  leakage  losses.  Further  work  is  necessary  to  optimize  these 
values  as  a  function  of  specific  speed.  It  must  be  kept  m  mind  that  these  values 
are  calculated  on  the  basis  of  an  idealized  flow  mechanism.  Since  no  conclusive 
evidence  for  actually  producing  this  flow-  pattern  ts  available,  only  a  test  of  a 
turbine  designed  according  to  this  concept,  can  determine  the  validity  of  this 
analysis  whereby  the  application  of  fluw  visualization  techniques  will  prove  to  be 
extremely  desirable. 

1.  Detailed  derivation  of  dynamic  flow  theory  for  drag  turbines. 

The  Euler  equation  for  frictionless  flow  and  the  equation  of  continuity 
may  be  written  as  follows  in  cylindrical  coordinates: 
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Mfhese  -radial,  tangential,  and  axial  coordinate* 

CrC\,Ct.*  velocity  component 
p  -pressure 
£ -  density 

R^f-body  force  components 

Equations  (VI,  48)- may  be  transformed  into  a  more  convenient  form,  by 
substituting  the  following: 

C\r  *  C-v*  <0*— »  ^ 

Cw,  *  C»\ 

C  j  5  C*v\  C*y»  & 

(J  V  1  \ &•  +  ^  *n  C*n  & 

^  }  i  (i-w  Ok  &  ~  d'n  Con.  O 


where 


it 


Thus  M.  n  form  a  new  coordinate  system  in  the  r-a  plane  ..hich 
moves  along  with  the  flow  in  the  r-a  plane.  <=m  is  then  the  vector  perpendicular 
to  the  flow  in  the  r-a  plane,  c  m  is  then  the  vector  sum  of  cr  +  cz.  These  new 
equations  with  ^  held  constant  may  be  written  as  follows: 
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^Cu.c 

v*" 


if  ..  cf  a  . 
^  df  'F  ” 

J&fi.  -+  o 

^  Y-V  if 


2Z>? 


In  the  above  equations,  it  must  be  remembered  that  r  is  no  longer  a 
coordinate,  but  rather  some  function  of  m  and  n  as  determined  by  the  stream 
line.  These  four  equations  have  sever,  unknowns  •  cm,  cu.  Q,  M,  Y,  N,  and  P, 
Jn  the  free  space  the  body  forces  are  zero  so. that  the  flow  is  defined  by  the  flow 
equations  in  four  unknowns.  In  the  biased  section  the  body  forces  are  perpen¬ 
dicular  to  the  blade  surface  and  the  flow  is  parallel  to  them,  so  that  two  more 
equations  are  given: 


C~.  r 
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A  seventh  equations  defining  K.  can  be  written  if  the  blades  are  contin¬ 
uous  surfaces. 

One  of  the  boundary  conditions  establishes  axial  symmetry  of  the  blade 
passage.  Since  assuming  that  cffll  -Or  ar.d  i:u  are  independent  of  Y  fulfills  this 
boundary  condition,  let  us  assume  this  and  determine  if  the  other  boundary 
conditions  can  be  met.  The  equations  then  reduce  to: 
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Another  simplication  result*  if  the  equations  are  written  in  term*  of 
the  distance  between  two  closely  spaced  stream  lines  (b). 


Substituting  this  result  in  equation  (VI,  5  4)  allows  immediate  integration. 

j)C~0C  _  „  0  TL-5'* 

Y'  Is 

jl,su 

where  Vm  is  now  equal  to  the  total  flow  in  the  particular  stream  tube.  This  is 
equivalent  to  stating  that  an  average  value  of  the  variables  can  be  used  for  the 
whole  stream  tube.  This  is  shown  as  the  ’’donut- shaped'  section  in  figure  (VI,  17). 
At  some  point  in  the  section  is  a  seal  and  the  fluid  is  introduced  on  one  side  of  the 
seal  and  removed  on  the  other.  However,  care  must  be  taken  in  the  inlet  and  out¬ 
let  seal  to  assure  that  the  boundary  conditions  ere  maintained. 


Substitution  cf  equation  (VI,  56)  in  equation  (VI, 52  )  allows  immediate 
integration  with  Y  ~  0  in  the  free  space: 
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of  VJJ . 


It  will  be  noticed  that  none  of  the  variables  in  this  equation  is  a  function 
so  that  this  may  be  written 
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where  APis  the  total  pressure  drop  in  the  machine,  constant  at  each  radial 
position. 


:  V  V 

k'V- 1  «  *  „  to 


iSa-ttV- .-. 


1 1 
!  ! 


i 


i. 

% 


s, 

« 

i 


i 


i 

i 


i 

i 


i 


i 

r 

t 

I  - 
! 


I 

I 

l 

I 

I 

I 

I 


»._«—*» *r».  «v  •*'  . 


,.&v- 


AMF/TDNo.  U96 
Job  No.  721.1 


9  April  1958 
Page  99 


It  la  interesting  to  note  that  the  bracketed  value  on  the  right  aide  of  the 
above  equation  ia  simply  the  differential  volume  of  the  stream  tube  under  consid* 
oration.  Thus  integrating: 


a  Ur  = 


AP 


Vv» 


where  a  volume  enclosed  in  the  vaneless  section  as  shown  in  figure  OX  17) 
The  same  process  may  be  used  to  determine  the  bladeforces  in  the 


rotor: 


Y 


where  Y  is  the  blade  force  represented  by  a  body  force  assuming  an  infinite 
number  of  rotor  blades  *  thus 


Y* 


<f  p 


where  SF  is  the  differential  blade  force 

Multiplying  by  r  to  obtain  the  differential  torque  ($T) 


Since  CvTis  independent  of  0^  and  A?  independent  of  m  from  considerations  of 
boundary  conditonsj 
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is  equal  to  the  torque  on  the  blade*  passing  through  the  block  seal 
between  the  inlet  and  outlet  passages 

To  '  W-ws  A  COT 
VIr  1  W-*a  A  cu.a 

The  overall  internal  efficiency  is. then: 


to. 


TOP 


Wa  *  flow-through  the  machine 


A  CvlA 


»  average  tangential  velocity 
Aj  -  tangential  flow  area 
Substituting  from  equation  (VI,  59) 
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where  Y*As  the  mean  radius  of  Vjj. 


This,  of  course,  is  the  same  formulation  for  efficiency  which  is  obtained 
by  the  drag  theory.  Now  attempts  will  be  made  to  formulate  the  equation  which 
determines  what  the  value  of  cm  must  be.  To  do  this,  the  meridional  pressure 
rise  u.  the  vaneless  section  less  the  pressure  drop  in  the  bladed  section,  must 
be  determined.  This  difference  is  the  driving  force  which  overcomes  the  losses 
in  the  rotor  blades  and  the  frictional  losses  due  to  meridional  velocity, 
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but  from  equation  (VI,  50) 
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integrating  the  last  term  in  parts 
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Substituting  equation  (VMS )  for  d  (CUr)  and  realising  the  remaining 
integral  is  the  area  averaged  tangential  velocity 
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Thus  all  of  the  energy  lost  is  available  for  overcoming  the  frictional  losses  in 
circumferential  flow,  and  if  tnese  losses  are  aero,  u  must  equal  Vj  and  the  internal 
efficiency  becomes  100  per  cent. 
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2. 


CONCLUSIONS 


By  stipulating  an  idealized  flow  pattern  in  a  drag  turbine,  a 
dynamic  theory  for  the  turbine  action  is  derived.  This  theory  indicates  that  the 
shape  of  the  block  seal,  which  is  of  negligible  importance  in  the  drag  theory,  is 
essential  for  generating  the  stipulated  flow  pattern  and  should  have. a  different 
form  than  presently  used.  This  theory  also  indicates  that  typical  impulse  blades 
for  the  rotor  should  show  higher  efficiencies  *han  the  presently  used  straight-edged 
blades;  however,  the  conclusions  suffer  from  a  lack  of  pertinent  test  information 
regarding  the  magnitude  of  secondary  losses  in  the  prescribed  flow  mechanism. 

If  they  can  be  assumed  to  be  of  minor  consequence  and  if  the  presumed  flow  pat¬ 
tern  can  be  established,  comparatively  high  efficiencies  are  to  be  expected  from 
the  design  geometry  stipulated  by  the  dynamic  flow  theory.  A  final  conclusion, 
therefore:  will  have  to  await  further  testing. 
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3,  LIST  OF  SYMBOLS  AND  SUBSCRIPTS 


«*i 


Symbol* 


C  *  absolute  velocity 


d  -  diameter 


D*  -  specific  diameter 
g  * 


h  -  blade  height 
k.  K  ♦  constant* 


m  -  meridional  coordin* 

ate 

n  -  normal  coordinate 

N  -  rotative  speed 
Ns  -  specific  speed 
p  -  pressure 
Q  -  volume  flow 
r  -  radial  coordinate 
Re  .  reynolds  number 
u  ♦  blade  speed 


ft/sec 


ft/sec* 


ft.. 


lb*/ ft** 
ft3/sec 


-  ft/ sec 
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Symbols  (Coot) 


velocity 


*  ft/sec 


i  Native  velocity  •  ft/ sec 

axial  coordinate  «  ft 

nozzle  angle 

blade  angle 

turning  angle 

efficiency 


loas  factor 


oencuy 


-  lb/ft J 


velocity  coefficient 


tangential  coordinate 


meridional  angle 
Subscripts 


blade 


sonic,  critical 


hydraulic 
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Subscript*  {Conti 


i 

• 

idea!,  internal,  inlet 

j 

jet 

L 

loss 

m 

main,  meridional,  mean 

P 

pumpin' 
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radial 
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secondary 
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tangential 
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tangential 
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axial 
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C. .  SUMMARY 

The  performance  of  drag  turbine*  has  been  analys-.e.d  by  two  different 
theories,  the  drag  theory  and  the  dynamic  theory.  The  drag  theory,  in  contrast 
to  the  dynamic  theory,  considers  only  the  peripheral  component  as  the  main 
criterion  for  the  performance.  On  this  basis,  critical  velocity  ratios  are 
established  and  the  design  geometry  required  for  obtaining  highest  efficiencies. 

By  using  the  drag  coefficients  obtained  by  labyrinth  tests  the  optimum  design 
geometry  can  be  specified  in  considerable  detail  whereby  it  was  found  that  blade 
angles  oi  90  degrees,  a  ratio  of  rotor  diameter  to  side  channel  depths  between 
8  and  12,  and  a  ratio  of  clearance  between  rotor  and  stator  and  side  channel  depths 
of  ,01  to  .02  are  essential  pre-requisites  for  highest  efficiencies.  The  evaluation 
of  the  performance  in  terms  of  specific  speed  and  specific  diameter  yielded  an 
Ns  Ds  diagram  for  drag  tu. bines  indicating  that  maximum  efficiencies  are  obtained 
at  low  specific  speeds,  namely,  between  specific  speeds  of  5  and  15  w.th  specific 
diameters  between  5  and  2,5,  i.e. ,  values  which  are  considerably  lower  than  the 
corresponding  optimum  specific  diameters  for  axial  and  terry-type  turbines  for 
the  same  specific  speed  regime.  Th'  laximum  efficiency,  however,  of  drag 
turbines  is  less  than  that  of  axial  turbines,  particularly  axial  turbines  with  large 
blade  numbers,  yielding  maximum  values  of  only  ,37  to  .40,  depending  on  the 
clearance  ratio.  These  maximum  values  appear  to  be  obtainable  for  a  variety 
of  pressure  ratios,  however,  for  large  expansion  ratios  a  divergent  stator  channel 
mu.'t  b:  applied.  If  a  constant  area  channel  is  applied  for  high  expansion  ratios, 
the  maximum  obtainable  efficiency  decreases  significantly.  Since  the  required 
optimum  specific  diameter  decreases  at  the  same  time,  this  design  offers  the 
advantage  of  reduced  manufacturing  costs  and  yielding  smaller  diameters  than  the 
corresponding  design  with  diverging  channels.  The  calculated  data  have  been 
partially  substantiated  by  test  evidence.  For  outside  channel  arrangements  it 
appears  that  higher  efficiencies  than  tested  so  far  with  inside  channels  are  obtain¬ 
able.  Test  confirmation  of  this  aspect  is  still  lacking. 

The  dynamic  flow  theory  stipulates  an  Eulerian  flov,  requiring  different 
block  seal  forms  and  blade  shapes  than  tested  so  far  in  drag  turbines.  In  treating 
the  Eulerian  flow  equations,  it  was  necessary  to  ide  ’!ze  t.  e  flow  pattern  ana  to 
assume  an  infinite  number  of  blades.  If  it  can  be  assumed  that  this  simplification 
is  of  minor  consequence,  a  considerable  improvement  in  drag  turbine  efficiencies 
should  be  obtainable  for  block  seal  designs  and  blade  forms  specified  by  the  dynamic 
theory.  The  argument,  however,  tnat  the  limited  number  of  blades  has  a  more 
serious  effect  on  flow  pattern  and  efficiency  than  commonly  assumed  for  convention¬ 
al  designs,  cannot  be  entirely  refuted  by  analytical  arguments  alone  so  that  test 
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evidence  will  be  necessary  before  a  final  evaluation  of  the  validity  of  the  dynamic 
theory,  and  a  more  accurate  appraisal  of  its  limitation,  can  be  presented. 

The  limited  test  information  available  on  drag  turbine  performance 
and  the  somewhat  speculative  character  inherent  in  both  theories  indicates  that 
the  presented  information  is  of  preliminary  nature  and  mus  be  substantiated  by 
test  data  before  a  final  acceptance  is  justified. 

Tests  on  drag  turbines  with  diverging  channels  of  inside  and  outside 
designs  as  well  as  tests  on  constant  channel  turbines  with  inside  arrangement 
designed  in  accordance  with  the  drag  theory,  are  scheduled  for  the  near  future. 

It  is  intended  to  test  these  designs  over  a  variety  of  pressure  ratios. 

A  turbine  designed  in  accordance  with  the  dynamic  theory  is  also  being 
prepared  for  testing.  This  design  will  be  tested  at  law  pressure  ratios  only, 
since  the  dynamic  theory  in  its  present  form  is  valid  only  by  assuming  negligible 
density  change  in  the  flow  channels. 
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EXPECTED  PRESSURE  DISTRIBUTION  IN  DRAG  FIGURE  21,15a 
TURBINE  DESIGNS  ACCORDING  TO  THE  DYNAMIC  FLOW  CONSIDERATION 


